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Abstract

Wind-turbine gearboxes continue to exhibit a high rate of premature failure despite use
of the best in current design practices. Since gearbox is one of the most expensive compo-
nents of a wind turbine, higher-than-expected failure rates increase cost of energy. Most
of the problems in wind-turbine gearboxes appear to emanate from bearings. High-speed
bearings and planet bearings exhibit a high failure rate and are identified as two of the
most critical components. This dissertation addresses two key issues associated with these
bearings: skidding in high-speed bearings and fault detection in planet bearings.

First part of this dissertation focuses on skidding in high-speed bearings. High-speed
bearings operate under low loads and high speeds and therefore, are prone to skidding.
Skidding can lead to premature failure, long before classical fatigue failure. Yet the
mechanism of skidding in ball bearings is poorly understood, especially under combined
axial and radial loads and time-varying operating conditions. We develop a dynamic
model to analyse the skidding behaviour of angular-contact ball-bearings under axial and
radial loads and time-varying speeds. The model includes gyroscopic effect. The traction
forces between rolling elements and raceways are calculated using elastohydrodynamic
lubrication theory. The analysis suggests that the skidding mechanism changes with
operating condition, and any skidding criterion developed for thrust bearings cannot be
applied to bearings operating under combined loading conditions or time-varying speeds.
We derive simple analytical equations to predict the occurrence of skidding under axial
as well as combined loading conditions. These equations are computationally cheap and
provide an insight into the influence of different geometrical and operational parameters
on the skidding behaviour.

Second part of this dissertation focuses on understanding vibration signatures of planet
bearings containing localized faults. Various models are available in the literature to sim-
ulate vibration signatures of bearings with localized faults, but all of these models are
limited to fixed-axis bearings. Vibration signature of a planet bearing is different from
a fixed-axis bearing because of the complicated and time-varying vibration transmission
path caused by the epicyclic drivetrain. We develop an analytical model of a planetary
drivetrain to simulate this complicated transmission path. The model includes a flexible
ring-gear and a planet bearing with localized faults. The findings show that the vibration
signatures contain multiple modulation sidebands around fault frequency and its harmon-
ics. We identify the sources of these sidebands and provide a mathematical explanation
of their formation. The vibration signatures are also validated against experimental mea-

surements. An assumption commonly made in the literature on bearing-fault detection
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is that the impulse due to a bearing fault is proportional to the load acting on a rolling
element at the time of impact. In this dissertation, we show theoretically and experimen-
tally that these impulses depend on the rolling-element speed not load. There is some
load dependence but it is secondary compared to the speed dependence.

The findings from this dissertation will: improve the reliability of high-speed bear-
ings by estimating the amount of skidding at the design stage; improve the condition-

monitoring and fault-detection algorithms for planet bearings.
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Chapter 1
Introduction

Premature failures of wind-turbine gearboxes increase cost of energy. Most gearbox fail-
ures initiate in bearings. High-speed bearings and planetary bearings exhibit a high rate of
premature failure. This chapter introduces the motivation behind studying these bearing
failures, introduces the objectives of this research, and outlines the chapters comprising
this thesis.

1.1 Motivation and Research Objectives

Most modern wind turbines use a gearbox (figure 1.1) to convert low rotational speed of
the rotor (10-15 rpm) to high rotational speed of the generator (1200-1800 rpm). As the
power generation capacity of wind turbines is going up, failure rate of these gearboxes is
increasing. Wind turbines are designed to last 20 years, but average life of a wind-turbine
gearbox is only 5 years!'?8). Since gearbox is one of the most expensive components
of a wind turbine, higher-than-expected failure rate increases cost of energy. Most of
the problems in wind turbine gearboxes appear to emanate from bearings. High-speed
bearings and planetary bearings (figure 1.1) exhibit a high rate of premature failure and

941 This calls for development of

are identified as two of the most critical components
methods to understand failure modes and to detect faults in these components in order
to increase the average life of a wind-turbine gearbox.

This research has two main objectives:
1. to investigate skidding in high-speed bearings;
2. to understand the vibration signatures of planet-bearing faults.

High-speed bearings are susceptible to skidding failure as they operate under high

speeds and low loads. Many methods have been developed over the years to predict
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High-speed bearings

High speed shaft
Planetary gear stage 1

Intermediate shaft

High speed gear
stage

Planetary gear stage 2

~— Planet bearings

Main shaft

Figure 1.1: Layout of a typical wind turbine gearbox (modelled in RomaxWIND )

skidding in ball bearings, but most of these methods are quasi-static, computationally
expensive, and limited to thrust bearings. Since wind-turbine bearings operate under
combined axial and radial loads, a computationally-cheap method is required to predict
skidding under these conditions at the design stage. This research addresses the following

questions on bearing skidding:

e is skidding mechanism under combined-loading condition different from the skidding

mechanism under axial loading condition;

e is it possible to predict the occurrence of skidding under axial as well as combined

loading conditions using simple analytical methods;
e how do time-varying operating conditions influence skidding behaviour;

e is a skidding prevention criterion, developed for axially loaded bearings, applicable

for combined loading conditions or time-varying speeds?

Planet bearings, located inside the planetary drives of wind-turbine gearboxes, exhibit
a high failure rate despite the use of best in current design practices. Vibration based
methods are used to detect faults in wind-turbine gearboxes. Various methods are avail-
able to detect localized faults (spalls or pits) in fixed-axis bearings, but few methods are
available to detect faults in planet bearings. Detecting faults in planet bearings is difficult
because of their complicated vibration-transmission path. In this research, we find out
if it is possible to detect planet-bearing faults using vibration measurements. The work

addresses the following questions:
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e how does the presence of a localized planet-bearing fault change the vibration re-

sponse of a planetary drive;

e how do different planet-bearing faults (inner race, outer race and rolling element)

manifest themselves in a vibration spectrum;

e how does ring-gear flexibility influence the vibration signatures of planet-bearing

faults;

e how does the impulse due to a bearing fault change with operating speed and load?

Answers to all these questions will improve the current understanding of skidding and
fault detection in wind-turbine bearings, and will help to improve reliability of wind-

turbine gearboxes.

1.2 Thesis Outline

This thesis comprises of three main chapters: review of the previous work relevant to this
research, prediction of skidding in high-speed bearings, and detection of localized faults
in planet bearings.

Chapter 2 reviews the previous work on bearing skidding and planetary-fault diag-
nostics. It contains: failures in wind-turbine gearboxes, various bearing skidding models,
elastohydrodynamic lubrication theory, and various models to simulate planetary-drive
dynamics.

Chapter 3 investigates the skidding behaviour of angular-contact ball-bearings. A
numerical model, which includes gyroscopic effects, is developed to predict skidding under
various operating conditions. Rolling-element motion and skidding mechanism is studied
in detail for bearings operating under axial loads, combined axial and radial loads, and
time-varying speeds. Simple analytical equations are also derived to predict the occurrence
of skidding for the operating conditions mentioned above.

Chapter 4 describes a dynamic model, which includes a flexible ring-gear and a planet
bearing containing with a localized defect, used to determine vibration signatures of planet
bearing faults. Sources of modulation sidebands present in the fault signatures are identi-
fied and an explanation of their formation is provided. Theoretically predicted vibration
signatures of planet-bearing faults are validated against the experiments conducted in
collaboration with Whiteley >, Speed and load dependence of the impulse due to a
bearing fault is also investigated theoretically as well as experimentally.

Chapter 5 summarises the key conclusions of this research and provides some sugges-

tions for the future work which directly follows from this research.
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Chapter 2
Literature Review

This chapter reviews the previous work done in the areas relevant to this research.
The chapter provides an overview of gearbox failures in wind turbines; reviews
various methods available to predict skidding in bearings; provides an overview
of elastohydrodynamic lubrication theory; briefly explains vibration behaviour of
healthy planetary drives; and reviews methods to simulate and detect localized

faults in fixed-axis and planet bearings.

2.1 Failures in Wind Turbines

Wind energy is the fastest growing renewable energy sector with an average annual growth
rate of around 30 % during the last 10 years. In order to harvest energy most efficiently and
reliably, various wind-turbine design concepts have been developed over the years!®3101,
Modern wind turbines are enormous with power capacity of 2.5-5 MW, rotors of 100-
120 m diameter and tower heights upto 100 m[™®%7. Most of the modern industrial
designs of wind turbines utilize a gearbox which connects the rotor shaft to high-speed
shaft and increases rotational speed from 10-15 rpm (at rotor) to 1200-1800 rpm — the
speed required by most generators to produce electricity. Direct-drive technology has
also gained much attention recently. In direct-drive turbines traditional gearboxes and
high-speed generators are replaced with bigger low-speed generators. The rotor hub is
directly attached to a generator avoiding multiple rotating components like gears and
bearings and hence possibly improving the system reliability. The trend began in smaller
turbines and is now being incorporated in turbines size upto 3 MW. The downside is their
low torque to weight ratio, larger diameter and difficulty in maintaining air gap in such

83]

large diameters! In spite of eliminating gearboxes, direct-drive wind-turbines do not

appear to have lower failure rate than geared wind-turbines. The aggregate failure rates
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Figure 2.1: Trend of geared and gearless turbine installations during 1995-2005.
Data taken from Hansen and Hansen ®!]

of inverter and electronics in direct-drive wind-turbines are greater than the failure rate

1201241 " For this reason wind-turbine market is still

of gearboxes in geared wind-turbines!
dominated by geared-turbine concepts (figure 2.1).

The wind energy industry has experienced high gearbox failure rates from its in-
ception. Since gearboxes are one of the most expensive components of a wind turbine
(about 13% of the total cost*'?)  higher-than-expected failure rates are adding to the
cost of energy production. There are more failures associated with generators and turbine
electronics than gearboxes (figure 2.2a) but still gearbox is considered as a critical com-
ponent because of higher downtime per failure compared to other components[*7-9%107:115]
(figure 2.2b). For a typical turbine, 20% of the downtime is due to gearbox failures and
an average gearbox failure takes about 250 hours to repair’®). Major reasons behind
long downtime per gearbox-failure include requirement of big and cumbersome replace-
ment equipments such as cranes etc. and sometimes unavailibility of spare parts also
contributes to prolong repair time. Figure 1.1 shows the layout of a typical wind turbine
gearbox modelled in RomaxWIND! software. There are two planetary stages followed
by a parallel-gear stage transmitting power to the high-speed shaft which is connected to
a generator. Most of the problems in wind-turbine gearboxes are generic in nature i.e. not
specific to a single manufacturer or turbine design and majority of these failures appear

to initiate in bearings, which may later advance to gears due to excessive vibrations and
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(b) Distribution of wind-turbine downtime due to various failures. Data taken from
McMillan and Ault 92
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Figure 2.3: Typical smearing wear on bearing raceways. Source: NSK new bearing
doctor catalogue!?,

[04]

misalignments High-speed bearings, planet bearings and intermediate-shaft bearings

(figure 1.1) exhibit a high rate of premature failure and are considered to be some of the

most critical components 4199,

The root cause of failures in high-speed bearings is not fully understood so far, but it is
not classical fatigue failure as these bearings fail well before their Ly life**3l. A commonly
observed wear mode in these bearings is smearing®® (like the one shown in figure 2.3).
One of the main causes of smearing wear is sliding or skidding between rolling elements
and raceways!!. Since high-speed bearings of a wind-turbine gearbox operate under high
speeds and low loads, these bearings are prone to skidding. Skidding behaviour of a
bearing depends on the traction forces generated in the lubricant film trapped between
two contacting surfaces. In section 2.2 we discuss the skidding behavior of bearings in

detail followed by a brief overview of elastohydrodynamic lubrication theory in section 2.3.

Planet-bearings failures in wind-turbine gearboxes can be caused by many factors such
as low lubricant-film thickness due to low speeds and high loads, and poor internal load-

9] Detection of planet-bearing

distribution due to planet deformation and misalignment
faults using vibration measurement requires a thorough understanding of their vibration
behavior. In section 2.4 we discuss the vibration behaviour of healthy planetary-drives.
Various methods have been developed over the years to detect localized faults in fixed-
axis bearings using vibration measurements. An overview of these methods is presented

in section 2.5.

* L9 life is the fatigue life attained by 90% of the bearings from a group containing identical bearings
operating under identical conditions.
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Figure 2.4: Acceptable operating region, for a bearing, bounded by the fatigue
limit and minimum load required to prevent skidding.

2.2 Skidding in Bearings

Skidding in bearings is the gross sliding of rolling elements on raceways. Skidding oc-
curs when the traction forces between rolling elements and raceways are not enough to
overcome viscous drag and inertial forces. Gross sliding in bearings could lead to high
subsurface shear stress and eventually to premature failure long before the classical fatigue
failure. A minimum load must be applied to a bearing in order to avoid skidding. The
value of this minimum load increases with speed due to the increase in both the drag and
the inertial forces with speed. Load corresponding to the fatigue-life limit of a bearing
decreases as the operating speed increases. Therefore, the acceptable operating region of
a bearing is bounded by the fatigue-life limit and the minimum load required to prevent
skidding (figure 2.4). In order to determine the extent of this acceptable operating region,
methods to predict skidding under various operating conditions are required. This section
outlines various simulation methods available in the literature to analyze rolling-element
motion inside a bearing and skidding criteria proposed by various researchers based on

analytical calculations and experimental observations.

2.2.1 Simulating the Skidding Behaviour

Much work has been done to understand the skidding behaviour of ball and roller bearings.
Researchers have developed various analytical and numerical models of varying complex-
ity to simulate rolling-element motion inside a bearing. These models can be split into two

broad categories: quasi-static models and dynamic models. The quasi-static models are
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based on force equilibrium and neglect inertial effects while the dynamic models capture
inertial effects but require a time integration scheme to achieve a solution because of the
nonlinear nature of friction between rolling elements and raceways. The following para-
graphs describe different modelling approaches attempted in the past, their underlying

assumptions and limitations.

2.2.1.1 Models for Ball Bearings

Jones!™ provides the first mathematical theory to analyze the motion of rolling elements
in ball bearings. He derives the expressions for friction forces resulting from interfacial slip
at ball-race contacts. The normal pressure distribution over the elliptical contact area is
determined in accordance with Hertz theory of elastic contact °™ and a dry friction model
is employed to evaluate the friction forces. Jones later extends his theory for arbitrarily
loaded ball and roller bearings constraint in an elastic supporting structure!™. He solves
the entire assembly of bearings, shaft and supporting structure as a single elastic system.
This work discretizes a shaft into multiple nodes. Each node represents either a bearing
connection or an applied-load point. The elastic compliance of these nodes is defined with
respect to the supporting structure using influence coefficients in five degrees of freedom
to determine the exact internal load distribution in all the bearings in a system.

One of the limitations of Jones’ theory[™7™! is its dependence over raceway control
hypothesis to achieve a solution. At high rotational speeds, centrifugal force acting on a
rolling element becomes significant and is balanced by the inner and outer race contact
forces. This force balance condition leads to different contact angles at the inner and outer
races (figure 2.5). According to this hypothesis, a ball is assumed to roll without spin on
one raceway and roll with spin on another. The raceway at which no spin occurs is said
to be the controlling raceway which controls the motion of the ball about its own axis
and the bearing axis. It is also further assumed that the gyroscopic moment acting on a
ball is resisted by frictional forces acting at the controlling raceway only and gyroscopic
slippage does not occur in a plane normal to the bearing plane as shown in figure 2.5.

The validity of the raceway control hypothesis is questioned by Harris®>°%. In a
lubricated ball-bearing, a lubricant film is formed in between rolling elements and race-
ways. In order to generate viscous traction in a lubricant film, relative sliding between
contacting surfaces is required. A relative sliding on either inner or outer raceway would
require ball to rotate in the plane normal to the bearing plane, this would lead to sliding
on both inner and outer raceways. Therefore, gyroscopic motion is resisted at both the
inner and outer raceways and not at the controlling raceway alone. Harris!®®! develops

an improved model to predict rolling-element slippage in angular-contact ball-bearings
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Figure 2.5: Forces acting on a ball according to raceway control hypothesis. M, is
the gyroscopic torque, p is the friction coefficient, Fj,, and Fy,,; are the inner and
outer contact forces.

under constant axial load without using the raceway control assumption. He finds that
the results obtained from his analytical model more closely approximate the measured
data (reported by Poplawski and Mauriello'*?) than the raceway control method, which
further proves the inadequacy of raceway control hypothesis. Harris also investigates the
raceway control hypothesis for dry bearings with Coulomb friction conditions and finds
if the ball rotation due to gyroscopic moment is resisted by static friction forces at the
contact interfaces, then the raceway control theory is adequate to analyze ball motion

and bearing performance "%

The quasi-static analysis techniques proposed by Jones!™>™) and Harris[>% give a
good insight into the frictional behaviour of ball bearings and also show the existence of
skidding. However, these methods cannot be used to analyze combined radial and axial
loads or time-varying operating conditions both of which are important for wind turbine
applications. The inadequacy of quasi-static models for these operating conditions is
because of two main reasons: absence of any ball-cage interaction and no consideration

of dynamic effects.

Under combined radial and axial loads, a load zone is formed inside a bearing. The
rolling elements lying inside the load zone are loaded and drive the cage, whereas the
rolling elements outside the load zone are unloaded and are driven by the cage. Hence ball-
cage interaction is important under these conditions. A detailed understanding of dynamic
behaviour of rolling elements and cage is required to calculate these interaction forces.
Meeks and Tran!®? propose a six degree of freedom model to simulate cage transient
motion in a bearing. They adopt the quasi-static methods of Jones[™? and Harris!®! to
determine the internal load distribution in a bearing, and a dynamic formulation is used to

obtain ball-cage collision forces. The gyroscopic effects are considered in the quasi-static
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model to calculate internal loads but the dynamic model lacks gyroscopic coupling terms
in the equations governing the ball motion. Their model might be suitable for predicting
cage dynamics and its failure modes, but it is not suitable to predict skidding under
combined loading conditions because of the absence of gyroscopic terms in the dynamic

model formulation.

Houpert %62 proposes a novel equivalent-stiffness methodology to calculate impact
forces between rolling elements and cage pillars which take into account the Hertzian
contact stiffness as well as the structural stiffness of a cage pillar. He also demonstrates
the influence of hydrodynamic effects on bearing internal load distribution which in turn
affects ball-cage forces. He finds that consideration of hydrodynamic effects increases the
size of the load zone and reduces the peak load values, especially if the applied load is
low.

Guptal*?

proposes a dynamic model to study the ball motion and the skidding char-
acteristics in thrust ball bearings. He later extends his model for combined axial and
radial loads by including the cage dynamics®¥, but his model ignores the variation in slip
speed and traction properties along the minor axis of the contact ellipse between rolling
elements and raceways. Traction force and moment calculations adopted by Gupta are
based on a semi-empirical EHD lubrication model. From the numerical analysis, Gupta[*4
finds that the slip speed between rolling elements and raceways increases with radial to
axial load ratio. The ball motion and underlying skidding mechanism under combined

axial and radial loads is not studied in detail.

Tu et. al.'"? study the effect of inner-race acceleration on the skidding behaviour
of deep-groove ball-bearings using a dynamic model. As with previous studies, they find
that skidding decreases with increasing load. Their model does not include the gyroscopic
effects which is a reasonable assumption for deep-groove ball-bearings as the theoretical
spin-axis of a rolling element is parallel to the bearing axis. For an angular-contact ball-
bearing, spin axis of a rolling element is not aligned with the bearing axis and gyroscopic

effects are important.

At high operating speeds, centrifugal force acting on the rolling elements amplifies the
difference between inner and outer race contact angles and therefore, increases the risk
of scuffing damage due to excessive spinning at the contact interfaces®?. Harris® finds
that by reducing the ball mass by 50% significant improvements in bearing life could be
achieved due to lower centrifugal force generation. This is achieved by making the balls
hollow. Another solution is to use an arched or four contact-point ball-bearings because
of their high load carrying capacity as the applied load is distributed among four contact

points.
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Hamrock and Aderson [* perform the first analysis of an arched ball-bearing. A quasi-
static axial-load analysis method is developed considering centrifugal effects. Ignacio
Amasorrain et al.l®¥ propose a more generic calculation procedure to obtain internal
load distribution for four contact-point ball-bearings operating under combined loading
conditions. More recently, Leblanc and Nelias®"*2 extend Jones theory!™ of bearing
internal kinematics from two to four contact points.

Four contact-point ball-bearings, in general, are assumed to have more fatigue life
compared to a conventional bearing with two contact points because of load sharing be-
tween two outer-race contacts. However, under certain operating conditions, this benefit
is counterbalanced by increase in sliding within contact interfaces®. Thus, careful in-

vestigation of dynamic characteristics of these bearings must be done before selection.

2.2.1.2 Models for Roller Bearings

Harris presents an analytical method®® for predicting skidding in cylindrical-roller bear-
ings which allows designers to investigate skidding phenomenon at the initial design stage.
He uses a semi-empirical EHD lubrication theory to obtain traction forces between rolling
elements and raceways. It is shown that skidding occurs when drag forces acting on a
rolling element exceed frictional driving forces. In order to establish equilibrium between
these forces, cage speed decreases and inner race skids past the roller surface. Slip-speed
results obtained from Harris’ model ®? show good agreement with test data, except at low
load conditions. This discrepancy between analytical results and test data is attributed to
the break down of empirical relationships for EHD contacts, used in the analysis, at low
loads. The analysis also shows that skidding can be reduced by increasing the contact
force on rolling elements, but increasing the contact force reduces the fatigue life of a
bearing. Hence, a balance must be achieved between the load required to avoid skidding
and the load which limits the bearing fatigue-life.

Chang et al.?? find the same inconsistency while comparing their skidding model with
experimental data at low load, despite use of an analytical rather than empirical EHD
lubrication model. They suggest that one possible reason behind this variation is the
influence of cage dynamics on roller slippage which is neglected in their model. They
also suggest that at low loads test data can involve large uncertainties because of the
sensitivity of cage slip to lubricant supply rate.

Dynamic models developed by Guptal*” make it possible to simulate dynamic per-
formance of roller bearings in time domain, but the complexity involved requires long
computational times. Creju et al.?%?7 propose a simpler and relatively cheap method

to consider roll-slip dynamics of taper-roller bearings. Their analysis follows a two step
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approach: the first step uses static equilibrium to determine load distribution on rolling
elements, and the second step uses a dynamic model to determine rolling-element motion
inside a bearing. Tractive forces are calculated using slicing technique. According to slic-
ing technique, contact area along a roller length is divided into number of strips or slices,
and analysis is performed on each slice separately. This skidding model is later extended
to double-row taper-roller bearings to investigate fatigue life and heat generation %),
Selvaraj and Marappan!''? carry out an experimental investigation on some of the
factors influencing the skidding behaviour in cylindrical-roller bearings. Experimental
analysis reveals that: (i) skidding increases with increasing speed and decreasing load,
which is consistent with the findings of Harris®* and Gupta!*’l; (ii) skidding increases with
increase in lubricant viscosity because of the reduction in traction forces between rolling
elements and raceways caused by increase in film thickness at high lubricant viscosities;
(iii) skidding increases with increase in number of rolling elements, because the contact
force on a rolling element decreases as we increase the number of rolling elements in a

bearing.

2.2.2 Criteria to Predict Onset of Skidding

[™] introduces a simple equation to calculate the minimum axial load required to

Kliman
prevent skidding in thrust bearings by minimizing the difference between inner and outer
raceway contact angles. According to Kliman, skidding occurs when a non-dimensional
parameter zF,/F, exceeds cotf; where z is the number of rolling elements, F, is the
centrifugal force, and Fj, is the applied axial force.

Hirano and Tanoue %% devised an experiment to investigate ball motion in an angular-
contact ball-bearing by using magnetized balls and by measuring the alternating current
induced by change in magnetic flux caused by these magnetized balls. The findings for
bearings under pure radial load suggest that: (i) skidding occurs at unloaded region and
it increases with radial clearance, and (ii) skidding decreases with increase in applied load.
Hirano®! later carries out a similar experimental investigation for angular-contact ball-
bearings under pure thrust load. Measured data of angular velocities of balls and cage
suggest that the skidding occurs when the parameter zF,./F, exceeds 0.1. Hirano does not
provide any analytical justification for this empirical criterion. For Hirano’s test bearing,
Kliman’s criterion gives zF./F, = cotf = 1.22 which is different from the value proposed
by Hirano (0.1). So, we can see that the two criteria are not in agreement. Poplawaski and
Mauriello!'%! later establish that the parameter zF,/F, alone is not sufficient to predict
onset of skidding.

Boness and Gentle[" also propose a ball-bearing force-equilibrium model using an



Skidding in Bearings 15

EHD traction equation, derived by Gentle and Cameron®”. Using this model, Boness!’!
develops the following empirical equation to calculate the minimum load required to avoid

skidding in thrust ball bearings.
Omax = 0.00733(2w? R)"*(2Rzn) "% GPa, (2.1)

where o« is the contact pressure, w; is the inner-race speed (rpm), R is the pitch radius
(mm), z is the number of rolling elements and 7 is the lubricant viscosity at operating
temperature (Pa.s).

Poplwaski et al.['%?l use SHABERTH !, a computer program developed by SKF In-
dustries, to perform a parametric study on the influence of rolling-element size, number
of rolling elements, contact angle, raceway curvature, lubricant type and bearing preload
on contact stress, fatigue life and load required to prevent skidding. This work serves as
a design guide for bearing selection and performance evaluation based on skidding.

Most of the criteria described above to determine onset of skidding are limited to bear-
ings operating under constant axial loads. Recently, Liao and Lin®¥ develop a method to
calculate rolling-element forces in ball bearings by taking into account contact angle vari-
ation with ball position angle. They create the skidding maps for ball bearings operating

under combined axial and radial loads using Hirano’s skidding criterion !

[85]

. They later ex-
pand their model to evaluate thermal effects on skidding!®®!. Their slip speed calculation
is based on the raceway control hypothesis (with outer race as controlling raceway), and
their model does not include any dynamic effects. Since the skidding maps produced by
Liao and Lin®¥ for bearings operating under combined axial and radial loads are based
on the empirical criterion proposed by Hirano® which is derived for bearings operating
under pure axial loads, their use can often be limited.

The methods described above are useful to predict onset of skidding in bearings, but
they do not tell us anything about how much skidding is allowable before serious wear
will occur. Under stable operating conditions considerable slip may occur without signif-
icant surface damage. Under some unfavourable operating conditions, however, lubricant

ol48

film might collapse due to skidding resulting in surface damage!*®l. Very few criteria are

available to predict onset of damage caused by skidding. More recently, an experimental

17 to estimate scuffing limits in angular-contact

study is performed by Bujoreanu et al.
ball-bearings. Scuffing is a complex wear phenomenon which involves sudden collapse of
lubricant film and results in metal-to-metal contact. The variables used in the experimen-
tal procedure to study scuffing damage are sliding speed and normal load. They perform
two tests: one with twin discs and another with an angular-contact ball-bearing. The test

data indicates that scuffing damage is related to the amount of heat generated inside a
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fluid film due to traction forces. Based on these tests, they derive an empirical equation

describing the onset of scuffing, which is given by
poAu™® = 1.5 x 10%, (2.2)

where p is the friction coefficient, o is the contact stress, and Awu is the slip speed. This
critical value (1.5 x 103 W/m?) of frictional heat is enough to initiate scuffing damage.
The empirical criterion described by equation 2.2 is derived for a particular test bearing
(7206), and more experimental investigation must be performed on bearings with different

geometry and lubricants to generalize this result.

2.3 Elastohydrodynamic Lubrication Theory

At the end of the 19th century, Beauchamp Tower (a railway engineer) noticed oil leak
out of a hole located beneath the load in a journal bearing. When he tried to plug the
hole with a wooden bung, pressure slowly pushed the bung out. Tower then carefully
measured the oil pressure over the surface of the bearing by drilling more holes and found
that the pressure was asymmetrical and that a fluid film of finite thickness was formed
in the loaded region of the bearing which separated the sliding surfaces by a hydraulic
force?11221 Tower’s work provides the first experimental confirmation of hydrodynamic
lubrication.

108] formulates the first analytical

Based on Tower’s experiments, Osborne Reynolds!
theory of hydrodynamic lubrication. According to the theory, a viscous liquid can physi-
cally separate two sliding surfaces by hydrodynamic pressure resulting in low friction and
theoretically zero wear. The occurrence of hydrodynamic lubrication requires!™9:

e the contacting surfaces to move relative to each other with a speed sufficient to

create a lubricant film;

e the contacting surfaces to be inclined at some angle relative to each other or to have
parallel-stepped profiles, otherwise a pressure field will not form in the lubricating

film to support the applied load.

Elastohydrodynamic lubrication is a form of hydrodynamic lubrication where elastic
deformation of contacting solids and change in viscosity with pressure become important.
Hydrodynamic lubrication theory explains the lubrication mechanisms in conformal con-
tacts such as those found in hydrostatic bearings, but it does not explain the lubrication

mechanism in non-conformal contacts such as those found in rolling bearings, gears etc.
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The film thickness values predicted by hydrodynamic theory for non-conformal contacts
are so small that it is not possible to physically separate the contacting surfaces, which
is in contradiction with the experimental observations. This contradiction is the result of
change in lubrication regime from hydrodynamic to elastohydrodynamic.

Lubricant behaviour in an EHD contact is effected by the elastic deformation of con-
tacting solids and change in lubricant viscosity due to pressure. Based on these two factors

69)

Johnson % identifies four lubrication regimes in EHD contacts.

1. Isoviscous rigid. In this regime, elastic deformations of the contacting solids are
small compared to the lubricant-film thickness and lubricant viscosity does not

change with pressure. This is comparable to hydrodynamic lubrication regime.

2. Piezoviscous rigid. In this regime, elastic deformations of the contacting solids are
small and can be neglected, but the contact pressure is sufficiently high to increase

the lubricant viscosity significantly.

3. Isoviscous elastic. In this regime, elastic deformations of the contacting solids have
considerable influence on film thickness, but the contact pressure is too small to

change the lubricant viscosity significantly.

4. Piezoviscous elastic. In this regime, both the elastic deformations of contacting
solids and the rise in lubricant viscosity influence the lubricant-film thickness (fig-
ure 2.6). This regime is also known as full EHD regime. Gears and rolling-element

bearings mostly operate in this regime.

Contact pressure in a static non-conformal contact can be defined by Hertzian the-

571, If the contact surfaces are moving relative to each other and the lubricant film

ory
is in full EHD (piezoviscous elastic) regime then the pressure distribution slightly de-
viates from the Hertzian theory, especially at the entry and exit regions of the contact
(figure 2.6). The contact region at entry in an EHD contact is slightly larger than the
Hertzian contact because of the combined effect of rolling and hydrodynamic-film forma-
tion. Thickness of the lubricant film roughly stays constant over an appreciable fraction
of the contact region. At exit, a constriction is formed and the film thickness reduces.
This results in a spike in the contact pressure just before the constriction as shown in
figure 2.6. The lubricant viscosity increases with pressure as it enters the contact and
then decreases to the ambient viscosity level at exit. The constriction is formed to com-
pensate for the decline in lubricant viscosity at exit and to maintain the continuity of

flow 671161 - Grubin!*’! provides an approximate analytical treatment of the mechanism of
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Figure 2.6: Pressure distribution and film-thickness variation in an EHD contact

film formation and pressure distribution in an EHD contact, and Greenwood®® extends

Grubin’s analysis to cover the constriction formation at exit zone.

Hamrock and Dowson® derive the formulae for the central and the minimum film

thickness (as shown in figure 2.6) in an EHD contact. The formulae for a point contact

are
e\ 067 Foo\ 0067
h =269 (%?Rf) (E'cyp )" (E,R,2> (1—0.6lexp(—0.73x)) B (2.3)
and
e 068 gy 007
hunin = 3.63 (T’E?Rf) (E'cy)™ ( = R,2> (1 — exp(—0.68k)) R, (2.3b)

where 79 is the lubricant viscosity at atmospheric pressure, ey is the fluid-entrainment
speed, E’ is the effective Young’s modulus, R’ is the effective radius of curvature in the
rolling direction, ¢,, is the pressure-viscosity coefficient, F' is the contact force and  is

the ellipticity parameter.

Crook 82931 performs some experimental studies on the effect of bearing operating
parameters on film thickness and lubricant viscosity. Film thickness is found to be sensi-
tive to rise in surface temperature. Few degrees of temperature rise could reduce the film

28] Crook also shows that there is no considerable reduction

thickness by as much as 50 %
in film thickness with the increase in relative sliding between contacting surfaces despite

the accompanying increase in frictional heating .
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Figure 2.7: Typical traction curve in EHD contact showing three regions: linear
(for shear stress values below Eyring stress, 7p), nonlinear and thermal.

In order to calculate traction force in EHD contacts some simplified assumptions are
commonly made. The first simplification is to assume a constant film thickness throughout
the contact zone, and the second simplification is to approximate the pressure distribution
in the contact zone by Hertz pressure distribution. For a Newtonian fluid, shear stress is

proportional to the shear-strain rate, i.e.

T=ny= TIT; (2-4)

where 7 is the shear stress, 7 is the shear-strain rate and Au/h is the velocity gradient
across the film thickness. If the contact area is A and applied load is F' then traction

coefficient can be obtain from equation 2.4 as

(o TA_pAdu 25
This simple relationship gives a linear relationship between traction coefficient and slip
speed. Figure 2.7 shows a typical traction curve for EHD contact. For low slip speeds,
traction behaviour is linear as predicted by equation 2.5. Traction curve starts to devi-
ate from the linear behaviour at higher slip speeds, reaches a maximum value and then
gradually decline. This decline in the traction coefficient is caused by the reduction in
viscosity due to shear heating of lubricant. Based on this traction behaviour, traction

curve can be divided into linear, nonlinear and thermal regions.

The extent of the linear regime in a traction curve depends on the contact pressure. At
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high contact pressures, lubricant traction shows a deviation from the Newtonian theory
and behaves nonlinearly. Evans and Johnson!® find four regimes and their appropriate
constitutive equations describing lubricant traction behaviour in EHD contacts. These
regimes are: Newtonian, Eyring, Viscoelastic and Elastic-plastic (in increasing order of
pressure). At low pressures, lubricant behaviour is Newtonian and can be described by
equation 2.4. At high pressures when shear stress exceeds the Eyring stress (1), lubricant

starts to behave nonlinearly and its behaviour can be modelled by the Eyring equation,

4 = sinh (1) . (2.6)
n 70

Further increase in pressure results in viscoelastic!™ and then elastic-plastic regimes. To
construct boundaries between these regimes, variation of viscosity and Eyring stress (1)
with temperature and pressure must be known. Some of these rheological properties for
few lubricants can be found in the paper by Evans and Johnson!®9.

Many empirical and analytical models are available in the literature to describe pres-
sure and temperature dependency of lubricant viscosity but their accuracy is often limited
to certain operating regimes. A commonly used empirical expression describing this de-

pendency is well known Barus equation'”! given by

n = noexp{c,,0 — ¢y (T'—Tg)}, (2.7)

where 1) is the reference viscosity at reference temperature Tx and 7' is the temperature.
This equation accurately predicts viscosity for a certain range of temperature and pressure,
but for a slightly wider range the equation can be corrected by introducing additional
terms in powers of (T' — Tg) and p to fit the measured data. The problem with this
approach is that at further wider range of temperature and pressure the correction terms
may dominate and introduce behaviour that is not intended in the correction process!™.
Further information regarding pressure-temperature-viscosity models can be found in the
book by Bair!”.

In the EHD traction calculations described above, it is assumed that the contacting
surfaces are smooth and a lubricant film always separates the contacting surfaces. In
practice, however, all surfaces are rough and are covered with asperities. Depending on
their size, surface asperities could influence the mechanism of fluid-film formation in a
contact. A film parameter (A) is generally used to establish a lubrication regime in a

contact zone and it is defined as

h
. CE— (2.8)
%+ )7
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Figure 2.8: Variation of traction coefficient with film parameter, showing different
regimes of lubrication.

where h is the minimum film thickness, A4 and Ag are the RMS surface roughness of two

contacting bodies.

When the lubricant film-thickness is sufficient to prevent contact between surface as-
perities of contacting solids, lubrication regime is hydrodynamic (A > 10) as shown in
figure 2.8. EHD lubrication is a form of hydrodynamic lubrication where elastic defor-
mation of contacting solid surfaces becomes significant. Film thickness is smaller but is
enough to prevent asperity contact (3 < A < 10). If A is less than 1 then surface contact
takes place resulting in high friction coefficient, and the regime of contact is known as
boundary lubrication. The friction behaviour in this regime is similar to dry contact. If A
is between 1 and 4 then asperity contact might take place along with the lubricant-film for-
mation. The contact force is supported by both asperities and lubricant film (figure 2.9).

This lubrication regime is known as partial or mixed EHD lubrication.

Johnson, Greenwood and Poonl®®! develop a theory to describe the mechanism of
asperity contact in mixed EHD lubrication regime. They find that if the major part of
the applied load is carried by EHD film then the separation between two rough surfaces is
about the same as the film thickness between two smooth surfaces under the same load.
They also find that average asperity pressure depends primarily on the ratio of theoretical

film thickness and combined roughness of two surfaces (A).
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Figure 2.9: Contact pressure shared between asperity contacts and EHD film in a
mixed-EHD lubrication regime.

2.4 Vibration Behaviour of Healthy Planetary-Drives

In this section we present different sources of vibration in a planetary-drive and review
various mathematical models available in the literature to simulate the vibration response

of healthy planetary-drives.

2.4.1 Sources of Vibration

Primary source of vibration in any involute-gear drive is the variation of the contact force
between a gear pair during the meshing process. The variation in the contact force can
be caused by: profile modification of a gear tooth, elastic deflection of a gear tooth and
change in number of teeth in contact during meshing. This type of excitation during
meshing process of gears originated the idea of “transmission error”. The first significant
work on prediction and measurement of dynamic transmission error was carried out at
the Department of Engineering, University of Cambridge in the late 1950s by Gregory,
Harris and Munro?%52,

Transmission error (Ae) is defined as the difference between actual and theoretical
rotations of a driven gear. The theoretical rotation assumes an ideal gear with rigid
teeth and no profile modification operating in a perfect mesh. Mathematically, it can be

described as

Ae =05 — 29, (2.9)
ZB

where 64 and 6 are the angular rotations of gears A and B, z4 and zp are the number of
teeth on gears A and B, and gear A is driving gear B. This deviation of actual rotation from

its corresponding theoretical value gives rise to a periodic excitation forces with excitation
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frequency equal to meshing or tooth-passing frequency. Friction forces acting between
contacting teeth also result in a directional change in the resultant contact force but this

effect is small (less than +3° ) and can be neglected in most industrial applications!*'4.

Another possible source of vibration in a gear drive is the presence of manufacturing
errors inside gears. Manufacturing error could be either radial run-out/eccentricity of
one of the gears or profile error. All these errors alter the dynamic behaviour of the
system and modulate the actual vibration signature. Chaari et al.’*!! develop a discrete
dynamic-model of a planetary drive to predict the influence of manufacturing errors on
the force excitation caused by transmission error. They find that the presence of gear
eccentricity or profile error results in amplitude modulation of the original mesh-force
signal and generates modulation sidebands, separated by gear-rotation frequency, around
meshing frequency and its harmonics. This is because of the change in transmission-error
caused by the manufacturing errors. Inalpolat and Kahraman!%% also study the effects of
manufacturing errors on the vibration characteristics of healthy planetary-drives. They
find that a run-out error causes the contact point of the two meshing gears to change
with the gear rotation in a meshing cycle. This results in amplitude as well as frequency

modulation of the contact force.

In a planetary drive, vibration due to transmission-error excitation is greatly effected
by planet-gear phasing. If multiple gear-meshes are running in parallel, each mesh will
have its own transmission error and the overall vibration response is determined by the
relative phasing between these individual transmission error components. For example, in
a planetary drive containing three planets, if the number of teeth on sun gear is divisible
by three then three meshes will contact at their pitch points simultaneously and the
three transmission error excitations will be in-phase. This will produce a strong torsional
excitation to the sun but no net radial forcing. Whereas if there is a relative phase
difference of 120° between the three meshes then there will be no net torsional excitation
but a radial excitation at the sun. The direction of this radial excitation force changes with
meshing frequency ™. Parker!®”) utilizes planet mesh phasing to suppress the vibration of
a planetary drive at certain harmonics of mesh frequency based on physical forces acting at
sun-planet and ring-planet meshes. He deduces simple rules of harmonic suppression. The
suppression phenomenon is also demonstrated using a dynamic finite-element/contact-

mechanics simulation.

In most planetary-drive applications, like wind turbines, ring gear remains stationary
and power is transmitted either from sun to planet carrier or the other way around. In
such an arrangement, a transducer mounted on ring gear housing experiences a periodic

variation in vibration amplitudes as planets pass through this fixed transducer location.
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This results in amplitude modulation of vibration signal and creates modulation sidebands
around meshing frequency and its harmonics. The separation between these sidebands is
given by z,w., where z, is the number of planets and w, is the carrier-rotation frequency.
Variation in the vibration amplitudes, as seen by the stationary transducer, is due to
varying vibration transmission path between vibration source (planet-ring mesh) and
measurement point (fixed transducer) as carrier rotates. McFadden and Smith Y propose
a simple analysis technique to predict the vibration response of a planetary drive at a fixed
point on a ring gear by considering the variation in vibration transmission path caused by
carrier rotation. Their study is the first to explain the underlying reasons for asymmetric
distribution of modulation sidebands about meshing frequency and its harmonics. Their
model is able to predict the frequencies associated with dominant sidebands but is unable
to predict their relative amplitudes.

Inalpolat and Kahraman!® perform a theoretical and experimental investigation on
modulation sidebands of a planetary set due to carrier rotation. The analytical model
developed in their study is capable of predicting amplitudes as well as frequencies of these
modulation sidebands. They show that based on the vibration behaviour a planetary drive
can be classified into one of five distinct groups: (i) equally spaced and in-phase planets,
(ii) equally spaced and sequentially phased planets, (iii) unequally spaced and in-phase
planets, (iv) unequally spaced and sequentially phased planets, and (v) unequally spaced
and arbitrarily phased planets. General sideband behaviour unique to each of these cases
is characterized using simulations.

The studies mentioned above provide a good insight into the modulation mechanisms
in healthy planetary-drives, but they do not include a flexible ring-gear to model the
vibration transmission path. In all these models, the vibration transmission path between
a ring-planet mesh and a measurement-point fixed on the ring gear is approximated by a

Hann function, which limits their applicability.

2.4.2 Modelling Vibration in Healthy Planetary-Drives

Modelling of vibration characteristics of healthy planetary-drives attracted significant
attention of various researchers in the past. Majority of the proposed models are based
on lumped-parameter approach in which gear wheels are treated as rigid bodies and gear
mesh flexibility is represented as a linear or a non-linear spring inserted between these rigid
gears. Based on number of degrees of freedom, lumped-parameter models can be split into
three categories: pure torsional models!™, planar models"786 and three-dimensional
models®4.

Most of the lumped-parameter models use a time-invariant mesh-stiffness neglect-
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ing the change in mesh stiffness caused by varying number of teeth in contact[®19:3258],

Kahraman!™! extends these models by employing a non-linear time-varying stiffness for-
mulation which allows consideration of both backlash and transmission-error excitation
to investigate the dynamic load sharing characteristics of a planetary drive. Lin and
Parker®% perform an analytical investigation of natural frequencies and vibration modes
of planetary drive. They adopt a linear mesh-stiffness model and solve the corresponding
eigenvalue problem to obtain vibration modes. Their findings suggest that due to the
cyclic symmetry of a planetary drive, its vibration modes can be classified into three cat-
egories: rotational modes (contain pure rotation of all components), translational modes
(contain pure translation of components) and planet modes (no motion of carrier, ring
and sun). Another group of planetary models use more sophisticated contact mechan-

[77.98] " These models eliminate the need of

ics algorithms based on finite-element analysis
user defined gear-mesh parameters (as required by lumped-parameter models) as gear-
meshes are modelled as individual nonlinear contact problems. In addition, the influence
of tooth-base flexibility and rim deflections is also taken into account. However, the solver
time required by these finite element based models is significantly higher than lumped-

parameter models.

A common assumption made in lumped-parameter models is that the ring gear is
treated as rigid body. In practice, however, flexibility of ring gear plays an important role
in vibration measurement specially if transducer is located at ring gear housing, which
is common in wind-turbine gearboxes. Very limited research has been done to include
ring-gear deformation in analytical models. Wu and Parker'?”! address this problem by
developing a planar elastic-discrete model, where ring gear is modelled as a continuous
elastic body while all other gears are represented as rigid bodies. Modal properties are
derived for the combined system using eigenvalue perturbation and candidate mode ap-

proaches.

Recently, Eritenel and Parker®¥ study the modal properties of a planetary drive con-
taining helical gears. They extend the existing planar lumped-parameter models in three
dimensions and each gear is represented by six degrees of freedom. The model includes
the tilting effect of gears but lacks ring gear flexibility. Their study shows that for helical
gears, pure-rotational and pure-translational modes are replaced by rotational-axial and

translational-tilting modes due to additional degrees of freedom.
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2.5 Detecting Faults in Bearings Using Vibration Mea-

surements

Vibration based techniques are commonly used to detect bearing faults in wind turbines.
In order to detect bearing faults effectively and to develop more sophisticated vibration-
based algorithms for fault detection, a thorough understanding of vibration signatures of
bearings with faults is required. In this section we discuss various methods available in
the literature to detect faults and to simulate their vibration signatures in both fixed-axis

and planet bearings.

2.5.1 Faults in Fixed-Axis Bearings

A fixed-axis bearing is a bearing whose axis of rotation remains stationary with respect to
a measurement point located on the bearing housing. A lot of work has been done on the
detection of localized faults (spalls or pits) in fixed-axis bearings. McFadden and Smith[®®!
and Tandon and Choudhury ™! provide a review of some of the methods developed for
vibration monitoring of rolling-element bearings.

In a bearing containing a localized fault, each time a rolling element passes though the
fault it generates an impulse. These impulses are periodic if the bearing speed remains
constant, and the frequency at which these impulses occur is known as the characteristic
fault frequency (wgy). The characteristic fault frequency for a bearing fault is a function
of fault location, bearing geometry and operating speed. For a bearing with stationary
outer-race and rolling-element radius r, pitch radius R, number of rolling elements z,

contact angle $ and inner-race speed w;, characteristic fault frequency can be defined

s 146]
%i (1 — %cos,@) for outer-race fault
Wyq = % (1 + }%COSB) for inner-race fault (2.10)
@ (1 — (%)2 COSQB) for rolling-element fault.

The impulses occurring at characteristic fault frequency excite the system resonance
frequencies and the frequency spectrum contains peaks separated by characteristic fault
frequency. System resonance frequencies act as an envelope to these peaks as shown in
figure 2.10. Depending on the location of the fault and measurement point, some modu-
lation sidebands can also be present around the fault frequency and its higher harmonics.
McFadden and Smith®%% provide a good insight into the formation of these sidebands.
They propose that the sources of these sidebands are the amplitude modulations of vi-

bration signal occurring inside the bearing. The first modulation is caused by the contact
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Figure 2.10: Vibration signature of a bearing with fixed outer-race in the presence
of a localized outer-race fault.

load variation on a rolling element as it passes through a load zone. The second mod-
ulation is due to varying vibration transmission path between a fault and a transducer
fixed on outer-race housing. This modulation is similar to the one caused by carrier ro-
tation in planetary drives (section 2.4.1). If outer race of a bearing is stationary then
these modulations are only present if a fault is located either on inner race or on a rolling

element.

Tandon and Choudhary "' also develop an analytical model to investigate the effect of
localized faults on bearing vibration behaviour. They model the inner and outer raceways
as uncoupled continuous elastic rings with in-plane vibration modes and they use a mode
summation approach to obtain the bearing vibration response. They model the force
excitation due to a localized fault as an impulse-train with periodic impulses occurring
at characteristic fault frequency. The width of these impulse pulses is obtained from the
time taken by a rolling-element to cross a fault. They discuss that pulse height changes
with severity and age of a fault, but no analytical or empirical relationship is provided to

simulate this dependency.

Sassi et al.[''% calculate the excitation force generated by a fault by splitting it into
static and dynamic components. Static component is obtained from the contact load

acting between a rolling element and a raceway while the dynamic component is obtained
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by solving contact mechanics between fault and other contacting body. They apply energy
conservation approach to calculate the shock velocity at the time of impact and this shock
velocity is then used to determine dynamic excitation force. Instead of using a mode

0] calculate the vibration response at a fixed transducer

summation approach Sassi et al.
location by considering only the first vibration mode of outer race. Based on the first
mode shape, they establish a geometric relationship between impact and measurement
points to obtain the dynamic response.

In all the above mentioned studies, it is assumed that the impulse due to a localized
bearing-fault is proportional to the contact force acting on a rolling element at the time
of impact. None of the papers provide any theoretical or experimental justification to this
assumption.

If a bearing is operating at low speeds or the fault size is small then it is difficult
to detect the characteristic fault frequencies and associated sidebands especially at low
frequencies because the noise from other components like gears mask the fault vibration-

[106,111,113] * Chaturvedi and Thomas? use adaptive noise-cancellation to enhance

signal
the signal-to-noise ration for bearing faults by reducing the unwanted noise coming from
other components. Antoni and Randall®® show that it is possible to separate bearing
fault signals from gear signals in a gearbox using unsupervised noise-cancellation.
High-frequency resonance technique is also commonly used to identify bearing faults
by extracting characteristics fault frequencies. According to this technique, measured
signal is first band-pass filtered around a high-frequency resonance to remove unwanted
gear noise and this filtered signal is then demodulated by using envelope analysis. The

envelope signal contains characteristic fault frequencies.

2.5.2 Faults in Planet Bearings

Detection of localized faults in planet bearings is difficult than fixed-axis bearings because
of the complicated and time-varying vibration transmission path between the fault and
a measurement point on a ring gear. No published work has been found which simulates
this time-varying transmission path and determines the vibration signature of a planetary
drive containing a localized planet-bearing fault.

Some literature is available on gear-tooth faults in planetary drives. Presence of a gear-
tooth fault alters the gear-mesh stiffness. Finite-element analysis is commonly used for

[7:100] hut high computation times required to solve refined

gear-mesh stiffness evaluation
meshes limit its use. Some analytical methods!™13% are also developed to obtain mesh
stiffness of a healthy gear and they prove to be a good substitute for finite-element based

methods. Choy et al.?* shows, using numerical simulations and experimental results,
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that gear tooth damage due to wear and pitting can be simulated by amplitude and
phase changes in the gear-mesh stiffness. Chaari et al.['"®! derive an analytical expression
for tooth and gear-mesh stiffness taking into account tooth bending, local Hertzian contact
and fillet-foundation deflections. He modifies this expression to investigate the effect of
tooth breakage, spalling and root cracks!?! on mesh-stiffness curve. Chaari et al.['"]
also studies the dynamic response of a planetary drive subjected to tooth pitting and
cracking defects. A joint time-frequency method of Wigner-Ville is used to characterize
the signature of each of these faults. They find that whenever a faulty tooth passes
through a contact mesh, an increase in sideband activity around meshing frequency and its
harmonics can be observed in the joint time-frequency distribution. They do not discuss

the sources behind this sideband activity and frequencies associated with sidebands.

2.6 Conclusions

Gearbox failures in wind turbines continue to be a major source of downtime and repair
costs. Average life of a wind-turbine gearbox is about 5 years, which is significantly less
than the 20 years design life of a wind turbine. Following conclusions can be drawn from

the literature review.

e Most of the problems in wind-turbine gearboxes initiate in bearings. Bearings sup-
porting the high-speed shaft and planet gears exhibit a high rate of premature failure

and are two of the most critical components in a wind-turbine gearbox.

e High-speed bearings operate under low loads and high speeds, which make them
susceptible to skidding. A commonly observed wear mode in these bearings is

smearing, and skidding is one of the main causes of smearing and scuffing wear.

e Much work has been done to understand the skidding behaviour of angular-contact
ball-bearings, but most of the work is based on quasi-static analysis and is limited
to axially-loaded bearings. Almost all the models require time-consuming numerical
simulations and hence are not suited for use as design tools. Some empirical and
semi-empirical skidding criteria are also derived to predict the occurrence of skidding
in ball bearings, but these criteria are not in agreement with each other and are

limited to axially-loaded bearings.

e The skidding models available in the literature could be used to predict the onset of
skidding in axially-loaded bearings. These models, however, do not tell us anything

about how much skidding is allowable before serious wear will take place.
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e Vibration behaviour of healthy planetary drives is well understood and many models

exist in the literature to simulate the vibration behaviour of healthy planetary drives.
Vibration behaviour of a planetary drive containing bearing or gear faults, however,
is poorly understood. Very few models exist to simulate the vibration response of a

faulty planetary drive and all of these models focus on gear tooth faults.

Many methods have been developed to detect localized faults in fixed-axis bearings
and to simulate their vibration signature. Detecting localized faults in planet bear-
ings is more difficult than fixed-axis bearings because of their complicated vibration
transmission path. No published work has been found in the literature which simu-
lates this complicated transmission path and determines the vibration signature of

a planetary drive containing localized planet-bearing faults.

An assumption commonly made in the bearing-fault-detection literature is that the
impulse due to a localized bearing-fault is proportional to the contact force acting on
a rolling element during impact. None of the published work provides any scientific

justification to this assumption.



Chapter 3
Skidding in High-Speed Bearings

High-speed bearings in a wind-turbine gearbox continue to exhibit a high rate of
premature failure. As high-speed bearings operate under low loads and high speeds,
these bearings are prone to skidding. Yet, most of the existing methods for ana-
lyzing skidding in ball bearings are quasi-static in nature and are limited to axially
loaded bearings. In this chapter we propose a dynamic model, considering elasto-
hydrodynamic (EHD) lubrication theory and gyroscopic effects, to understand the
skidding behaviour of angular-contact ball-bearings under axial and radial loads,
and time-varying speeds. We also derive novel analytical equations to predict the
onset of skidding under these operating conditions. This work will help bearing
engineers to predict the occurrence of skidding at the design stage for axial as well
as radial loading conditions and make suitable design changes to improve bearing

reliability.

3.1 Introduction

Bearings operating under high speeds and low loads are prone to skidding, i.e., gross sliding
of rolling elements on raceways. Skidding occurs when the tractive forces between rolling
elements and raceways are not enough to overcome drag and inertial forces. Skidding is
known to cause excessive frictional heat generation and high surface shear stress. This
can lead to premature bearing failure, long before classical fatigue failure. For a given
speed and bearing geometry, a minimum load must be applied on the bearing to prevent
it from skidding.

Various skidding models are available in the literature to calculate this minimum load,
but most of these models are quasi-static and are limited to axially-loaded bearings. A
brief review of these models is provided in chapter 2. The review suggests that almost

all the skidding prediction methods in literature are based on time-consuming numerical
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models. Some empirical criteria are also available to predict the minimum load required to
avoid skidding, but these criteria are also limited to axially-loaded bearings. Wind-turbine
bearings operate under combined axial and radial loads. This calls for development of
simple methods to predict the occurrence of skidding at the design stage in bearings
operating under these conditions.

Skidding models for ball bearings available in the literature provide a good under-
standing of the skidding behaviour of bearings operating under constant axial loads and
steady speeds. However, limited amount of work has been done on skidding under com-
bined axial and radial loads, and skidding behaviour under time-varying speeds has not
been studied so far. In this chapter, we explore the skidding characteristics of angular-
contact ball-bearings under both axial and radial loads as well as time-varying speeds.

There are five main contributions of this chapter.

1. A mathematical model to analyze the skidding behaviour of angular-contact ball
bearings (section 3.2). The model includes gyroscopic effects. The traction forces
between rolling elements and raceways are calculated using full EHD lubrication
theory. We also consider the variation of slip speed and traction forces along both

the major and minor axes of the contact ellipse.

2. A simple equation to calculate the minimum load required to prevent skidding in
bearings operating under constant axial loads and constant speeds (section 3.3.2).
The benefits of the proposed equation are evaluated against the skidding criteria of

Hirano®¥ and Kliman [,

3. Description of rolling-element motion and underlying skidding mechanism in a bear-
ing operating under combined axial and radial loads (section 3.4). We also demon-
strate that the skidding mechanism under combined loading conditions is different
from that under axial loading conditions, and any skidding criterion developed for

thrust bearings does not work for bearings operating under combined loads.

4. Derivation of a simple analytical method to predict the extent of skidding region
inside the load zone of a bearing operating under combined axial and radial loads
(section 3.4.2). The proposed method also gives us the minimum load required to

create a rolling-contact region (where no skidding takes place) inside the load zone.

5. For bearings operating under time-varying speeds, we show how amplitude and
frequency of speed fluctuation influence the skidding behaviour. We also derive an
analytical equation to predict onset of skidding in bearings operating under time-

varying speeds (section 3.5.1).
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Figure 3.1: (a) Forces acting on a rolling element; (b) Geometrical compatibility
between ball and raceways

3.2 Numerical Model Description

We perform the skidding analysis in two steps. In the first step we use a quasi-static model
to calculate load distribution on the individual rolling elements. In the second step, we
use a dynamic model along with an EHD lubrication model to analyze the motion of
rolling elements inside a bearing. EHD model utilizes the load distribution, calculated in
the first step, to determine traction forces and moments acting between rolling elements

and raceways. The analysis steps are described in detail in the following paragraphs.

3.2.1 Quasi-Static Analysis of Internal Load Distribution

An external load applied to a bearing raceway is distributed among the rolling elements.
If an axial load is applied to a bearing then all the rolling elements share equal load. From

figure 3.1a, we can write the force balance equations for a single rolling element as

Ficosp; + F, = F,cospf, (3.1a)
and
) . F,
FisinB; = F,sinf3, = —, (3.1b)
z

where F; and F, are the contact forces acting between a rolling element and inner and
outer raceways respectively, §; and [, are inner and outer contact angles, F is the cen-
trifugal force, F}, is the axial force acting on the bearing, and z is the number of rolling
elements.

Geometrical compatibility between a rolling element and raceway grooves (figure 3.1b)
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Figure 3.2: Geometry and contact dimensions of two elastic solids in contact

gives

(Ro — r)cosp, + (R; — r)cosf; = cosB(R, + R; — 2r), (3.2)

where 7 is the rolling-element radius, 3 is the theoretical contact angle, R; and R, are the
inner and outer raceway curvatures. During the derivation of equation 3.2, we neglect the
effect of elastic deformation between rolling elements and raceways. We solve equations 3.1
and 3.2 numerically to get the contact angles (5; and ,) and the contact forces (F; and

F,) for bearings operating under pure axial loads.

In case of a bearing operating under combined axial and radial loads the magnitude
of the force carried by an individual rolling element depends upon the internal geometry
of a bearing, the number of rolling elements in contact and the instantaneous location of

the rolling element inside the load zone.

In this study, we use Hertz elastic theory®” to determine the contact force between
rolling elements and raceways. According to Hertz theory, the contact force (F') between
two elastic solids can be expressed in terms of the maximum deformation (§) at the centre

of a contact ellipse as
F = K52 (3.3)

Here K is the stiffness parameter given by

wkE' |3¢R

In equation 3.4, k is the ellipticity parameter, £ and ¢ are the elliptical integral of first

and second kind, R is the effective radius of curvature of contacting bodies, and E’ is the
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effective Young’s modulus defined as

E=—" (3.5)

1—v2 1—vy
Ea 2

where v is the poisson’s ratio, F' is the Young’s modulus, and subscripts a and b represent
the two contacting bodies. If the contacting bodies are of same material, i.e., v, = v, = v

and E, = F, = E then from equation 3.5 effective Young’s modulus becomes

FE
E = .
1—12

(3.6)

Effective radius of curvatureR for an elastic contact is defined in terms of the effective

radii of curvatures in = and y directions (R, and R,), such that

1 1 1
- 3.7
R R R (3.7)
Effective radii of curvatures R, and R, are defined as
1 1 1
- - 4 3.8
Rz Taz * Tbg ( a)
and
1 1 1
—_— =4 —, (3.8b)

oY

y  Tay Toy

where 744, T'ay, 7o and 1y, are the radii of curvatures of the contacting bodies in the x and
y directions as shown in figure 3.2. For the case of a ball bearing these radii of curvatures
can be calculated as: (i) 74, = 14y =1, 1, = 1; and 1, = —R,; (for the contact between a
ball and inner race); (i) 74y = Tay =T, Tos = —7 and ryy, = —R,, (for the contact between
a ball and outer race). Here solid a is the ball, solid b is the contacting raceway, and r;

and r, are the radii of inner race and outer race.

Brewe and Hamrock "% derive simplified expressions for , & and ¢ using linear regres-

sion, which are given by

R 0.6360

K = 1.0339 (R—y) , (3.9a)
0.5968

e = 1.0003 + , (3.9b)
R,/R,

and

¢ = 1.5277 + 0.6023In (%) . (3.9¢)

xT
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Figure 3.3: Quasi-static model to determine the internal load distribution under
combined axial and radial loads

Now, we have all the ingredients to calculate the combined effective stiffness parameter

for a rolling element as!®’)

1

2/3 2/3) 3/2’
1 1
{ (Kinn ) + <Kout > }

where K., and K, are the stiffness parameters for inner- and outer-race contacts defined

Kop = (3.10)

by equation 3.4. In order to derive equation 3.10 we assume that the contact angles
between a rolling element and inner and outer raceways are same, i.e., 3; = B, = (.
This assumption is valid for the bearings operating at low or medium speeds. Since wind
turbine bearings operate at the maximum speed of 1500-1800 rpm, it is reasonable to
make this assumption. For the bearings operating at very high speeds, difference between
contact angles can be substantial because of large centrifugal force acting on a rolling

element and the quasi-static formulation described here might not be adequate.

The next step is to calculate the contact deformation of the rolling elements. Assuming
that the raceways are rigid and there are no clearances between rolling elements and
raceways, the deformation along the contact line of a rolling element located at an angle

0; (figure 3.3) can be calculated as

(e9)

xT

5@':(C€icﬁa 591'057 SB)

[=%)

(3.11)

Yy Y

=2

z

where C,, = cos(a), S, = sin(a), and (,4,,d.)" is the displacement vector of the inner

race.
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Contact forces between the rolling element located at 6; and raceways are
F,=F,=F, = Kg(6:)*?, (3.12)

where () is the Macaulay’s bracket defined as

5 for 8, >
(6,) = or % 20 (3.13)
0 for 6; < 0.

A positive value of §; represents the deformation of the contacting surfaces, which gives
non-zero contact force; while a negative value of d; represents the separation between the
contacting surfaces, which gives zero contact force.

Now we can calculate the reaction forces (£, F, and F}) at the inner race by adding

the individual contact forces acting on the rolling elements. Therefore,

F, .
Fy| == Kealdi)*? (Co.Cs, S0.Cs, Sp)" (3.14)
FZ i=1

Axial and radial forces acting on the inner race are F, = —F, and F, = \/FQETFyQ,
respectively.

Internal load distribution on the rolling elements is determined by using an iterative
approach. At each iteration, equations 3.11 to 3.14 are solved numerically to get the axial
and the radial forces (F;, and F,). These forces are then compared to the applied forces
on the inner race. Iterations terminate when the calculated axial and radial forces are
equal to the applied ones. The method outlined above does not account for changes in the
bearing stiffness caused by the movement of the rolling elements inside a load zone. In his
detailed study While!'?d] finds that the fluctuations in the stiffness due to these factors are
less than 0.5% of the total value. The influence of friction forces between rolling elements
and raceways on the internal load distribution is also ignored in the current analysis as

these friction forces are significantly small compared to the contact forces.

3.2.2 Dynamic Analysis to Analyze Rolling-Element Motion

The dynamic model consists of two reference frames (figure 3.4). The first reference frame
(xyz) is fixed at the centre of the bearing, and the second reference frame (2'y'2’) is a
moving frame with its centre attached to a rolling element. Each rolling element has

four degrees of freedom: three rotational degrees of freedom about its centre in moving



38 Skidding in High-Speed Bearings

~

Y

’
Moying reference !
| frame !

1

1
[}
\

Fixed reference
z frame

(a) (b)

Figure 3.4: (a) Two reference frames used in the dynamic model formulation; (b)
components of the angular velocity of a rolling element in the rotating reference
frame.

reference frame (w,/, w, and w, ), and one rotational degree of freedom about bearing
centre (w.). The equations governing the motion of a rolling element are derived using

Euler’s equations and are given by

/

M 5 Wyt 0 —w/Z Wy 5 Wt
M, | = diag [gmr2] Wy | + | w, 0 —w, |diag [ngQ] wy |, (3.15)
M, Wy v W 0 Wy

Yy x

where M3’ + M, j'+ M.k is the friction-moment vector acting on a ball, wyi'+wyj'+w. K
(= wp) is the ball angular-velocity in 2'y’z’ frame, w.i + w; J+ w_k is the angular velocity
of the moving reference frame z'y’z" with respect to the fixed reference frame zyz and
w = %—‘:. For the system shown in figure 3.4, reference frame x'y'z’ is constrained to rotate
about the z axis with the rolling-element’s orbital speed w,.. Therefore, w; = w; =0 and

wlz = w,. Putting these values into equation 3.15 gives

My = I(Wy — wewy) (3.16a)
My = I(Wy + wewy) (3.16Db)
Mz’ = ](,;)Z/, (316C)

where [ is the moment of inertia of a rolling element (= %mrQ) and m is the mass of a

rolling element.

Now, we determine the equation governing the motion of a rolling element about the

bearing axis (z-axis in the fixed reference frame xyz). To derive this equation, the inter-
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Figure 3.5: Cage model used in the current analysis

action between the rolling elements and the cage must be taken into account. Figure 3.5
shows how the cage interaction is modelled in the current analysis. The cage has one
rotational degree of freedom about the bearing-axis and we ignore the clearance between
the rolling elements and the cage pillars. We also ignore the radial movement of the
cage. The contact between the cage pillars and the rolling elements is modelled by a

spring-damper system. We can write the equation of motion for the cage as

cagewcage Z Cagerpy (3 17)

where Iage is the moment of inertia of the cage, weage is the rotational speed of the cage
and 7, is the pitch radius. Fc(;%;c is the force between a cage pillar and i** rolling element
given by

F(l) = kcagedf(;;)ge + Ccag65 )

cage cage’

(3.18)

where Kcage 1S the cage stiffness, ceage is the cage damping, 5£?ge = 1p{0c—0Ocage—2m(i—1)/2}
is the relative displacement of i*" rolling element with respect to cage, SéQge = 7p(We —Weage)
is the relative speed of i rolling element with respect to cage, . = 6° + fot w.dt where

69 is the initial position angle of the i’ rolling element, and fage = fot WeagedL.

In addition to the cage force, rolling elements must also overcome a viscous drag force

imposed by the lubricant within the bearing cavity. This viscous force (Fiyrag) is
T 2 2
Firag = §C’Dp(wcrp) re, (3.19)

where Cp is the drag coefficient, and p is the lubricant density.

By considering the cage and the drag forces, we can now formulate the remaining

differential equation governing the orbital motion of a rolling element as

Tw. = —(f] A+ fo 4'r,) — Fc(a)ge — Faragnyp, (3.20)
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Figure 3.6: Coordinate system (z”y”2") used to formulate EHD lubrication model

showing the contact-patch ellipses for inner-race and outer-race contacts.

where I, is the moment of inertia of a rolling element about bearing axis (= I + mr}),
f is the friction force, and subscripts ¢ and o represent the inner-race and the outer-race
contacts respectively. Equations 3.16 and 3.20 define the complete motion of a rolling
element inside a bearing. We solve these equations for each rolling element, along with
the cage equation 3.17. In order to solve these equations, we need to know the traction

forces acting between rolling elements and raceways.

3.2.3 EHD Lubrication Model to Determine Traction Forces

In this section we use an EHD lubrication model to calculate the friction forces ( fj, i o) and
moments (M, M,,, M,) required to solve equations 3.16 and 3.20. For the calculation,
we introduce a new moving coordinate system x”y”z” with z” and y” axes lying in the
plane of the contact-patch and z” axis parallel to the contact line (figure 3.6). Note that
the coordinate system z”y” 2" is used for both the inner- and outer-race contacts, and care
must be taken to use the correct contact angle (f3; for inner race and g, for outer race).
Let us consider an elliptical contact patch between a rolling element and inner or outer
raceway (figure 3.7). If we take a point P(z”,y"”) on this contact patch, then the shear
stress (7) in the Newtonian fluid film trapped between the two contacting solids can be

described as
AU (x// , y//>

h, )

where 7 is the lubricant viscosity, h is the film thickness, and Aw is the slip speed between

7_(x_//’y//) — n(x”,y”) (321)
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the two contacting surfaces.

Shear stress is the result of the lubricant film shearing, which also generates frictional
heat (given by the product of the shear stress and strain rate). The rise in the lubricant
temperature due to frictional heat changes its effective viscosity. The dependency of

lubricant viscosity on pressure and temperature can be described by the Barus equation '’

(2", y") = noexp [enp 0 (2", y") — e {T(2", y") — Tr}], (3.22)

where 1 is the lubricant viscosity at atmospheric pressure and reference temperature T,
cpp and ¢, are viscosity-pressure and viscosity-temperature coefficients respectively, T is
the lubricant temperature, and ¢ is the contact pressure.

According to the Hertzian theory, the pressure distribution over an elliptical contact
area has an ellipsoidal profile. However, the actual pressure distribution in an EHD
contact is slightly different from the Hertzian pressure because of the relative motion of
the contacting bodies and the hydrodynamic effects. Large differences in the pressure
profile occur at entry and exit of the contact zone. A constriction is formed near the exit
of the contact zone (figure 2.6), which results in a large pressure peak on the upstream side
of this constriction. In the analysis described here, we ignore the changes in the pressure
profile caused by the relative motion and hydrodynamic effects, and use the Hertzian

theory to calculate it. Hertzian pressure distribution over an elliptical contact area is

=i () (), 329

where a and b are the dimensions of the elliptical contact patch given by

6k2cFR\ /?
a:( = > (3.24a)
and
6eFR\Y?
o () .

Maximum contact pressure ., is given by

3F

Tmex = orab’

(3.25)

Crook %31 investigates the effect of temperature rise due to film shearing on the
lubricant traction properties. The investigation was based on a Newtonian fluid model

according to which the shear stress in a lubricant film is proportional to the shear-strain
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Figure 3.7: Elliptical contact patch and lubricant film inside the contact zone

rate. Using the Newtonian fluid assumption and equation 3.22, Crook derives a closed-

form expression for the lubricant viscosity, which is given by

In (\/m + \/@)
Y+ 1)

na”,y") = noexp{c,o(z”,y")} : (3.26)
where ¢ = noexp{c,,o(z”,y") }cp Au?/(8K,.) and K. is the lubricant thermal conductivity

(see Crook®” for the derivation).
In the traction equation 3.21, we assume that the film thickness (h) between the

contacting surfaces is constant throughout the contact patch, and is calculated using the

central film-thickness formula provided by Hamrock and Dowson %"l

h = 2.690°%57 GO 0067 (1 — 0.61exp(—0.73k)) Ry, (3.27)
where U (= ), G (= Fleyp), and W (= ) are the dimensionless parameters

for speed, material and load respectively, Uens = 7i70w;/(1; + 7o) and w; is the inner-race

speed.

In order to determine the traction forces acting on the contact patches, we must first
calculate sliding and spin speeds at the inner and the outer contact interfaces. The sliding
velocities at the centres of the inner and the outer contact-patches due to translational

speed-differential are

Aul = {r (wysinB; + wacosBs) + 1 (wi — we) } i — rwpsingdij’ — rwecosfk’  (3.28a)
and

Aul = {r (wysinB, + w.co8Bs) + Towe } i’ + TWyrsinSB,j" + rwacosfok. (3.28b)
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The spin velocities caused by the rotational speed-differential are

w; = (wycosf; — wysing;) k” (3.29a)
and

wy = (wycosfy, — wosing,) k. (3.29b)

Let us now determine the expression for the slip velocity at point P (figure 3.7). Spin
velocity at the contact interface results in slip at point P(z”,y”) along both z” and y”
directions. These slip speeds are —w?®y” along z” axis and w®z” along y” axis. Combining
these slip speeds along with th sliding velocities of equations 3.28 gives the resultant slip

velocity at point P as
Ayﬂl/0<x”7 y, ) Auz/o - z/oy”Z” + wz/o‘r”j” (330)

By this point we have calculated all the parameters required to solve equation 3.21:

viscosity in equation 3.26; film thickness in equation 3.27; and slip speed in equation 3.30.

For a contact patch shown in figure 3.7, the resultant traction force ( Jijo = f/;l;” +

l/oj”—i- l/ok‘”) and the traction moment (M, = M, k") can be calculated by integrating
equation 3.21. Therefore,

=it | [t sms it st
and
z/o //nZ/O ,y J}//Z” + y"j")Agi/o(l’”, y”)dx”dy”. (3.31b)
z o_a <

Finally, we can calculate the friction moment terms of equation 3.16 from the traction

forces and moments defined in equations 3.31 as

My =7 (2= 12"). (3.32a)
My =r (f;’/'sinﬁo — ff”sinﬁi> + M7cosB; + Micosp,, (3.32b)
M, =r (fffﬁcosﬁo f”” cosﬁz) M?sinf; — M;sinf,. (3.32¢)

Substitution of equations 3.31 and 3.32 into equations 3.16 and 3.20 gives us the four
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Table 3.1: Bearing properties used by Pasdari and Gentle®) in their skidding tests

Parameter Value
Number of rolling elements (z) 11
Contact angle (3) 25°

Ball radius (r) 6.745 mm
Pitch radius () 28.3 mm
Ball mass (m) 10 grams
Raceway curvature radius (R;/,) 7.05 mm
Material Steel

first-order nonlinear differential equations, which we solve numerically along with the cage
equation 3.17 using a Runge-Kutta solver.

Although the dynamic model formulation described in this section is developed for
an EHD lubrication regime, it is also valid for any other lubrication regime, e.g. mixed
lubrication. We just have to change the traction model and all the equations of motion

remain unchanged.

3.3 Skidding Under Constant Axial Loads and Con-
stant Speeds

The first case we consider is skidding under constant axial loads and constant speeds.
Before we discuss the underlying skidding mechanism for this case, let us first validate the
numerical model described in section 3.2. Figure 3.8 shows the variation in the cage/inner-
race speed ratio (weage/w;) with the applied axial load. It can be observed that at low
values of the applied load, the actual speed ratio is less than its corresponding theoretical
value; and the difference increases as we reduce the applied load. This difference between
the actual and the theoretical speed ratios means that the cage is rotating slower than
what is required for pure-rolling motion, which results in skidding. The experimental

9] The geometrical properties of the bearing used

data is taken from Pasdari and Gentle
by Pasdari and Gentle are listed in table 3.1, and the lubricant used by them during
skidding tests was a multi-grade motor oil. They do not provide the exact composition of
the lubricant. Therefore, we carry out the analysis for three multi-grade motor oils (SAE
0W-20, SAE 10W-30 and SAE 20W-50). Simulation results are mostly in agreement with
the experimental data.

In figure 3.8, as we decrease the applied load to a very low value the simulation
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Table 3.2: Geometrical properties of a typical wind-turbine high-speed bearing

Parameter Value
Number of rolling elements (z) 16

Contact angle (5) 40°

Ball radius (r) 12.5 mm
Pitch radius (r,) 77.5 mm
Ball mass (m) 64 grams
Raceway curvature radius (R;/,) 13.125 mm
Material Steel

Table 3.3: Lubricant parameters

Parameter Value

Dynamic viscosity (1) 0.05 Pa.s
Reference temperature (Tg) 30°C
Viscosity-Pressure coefficient (c,),,) 1.2 x 1078 Pa™!
Viscosity-Temperature coefficient (c,,.) 0.04°C™"
Thermal conductivity (K.) 0.125 J/(kgK)
Density (p) 890 kg/m®

results start to deviate from the experimental data. There can be many reasons behind
this deviation. One possible reason can be the nonlinear behaviour of lubricant film.
The maximum shear stress over the contact patch varies from 3 to 9 MPa for the given
range of applied loads. These values of shear stress are slightly above the Eyring stress.
Therefore, lubricant might behave nonlinearly; and the linear EHD model used in the
current analysis might not be adequate. Another possible reason can be the effect of
cage-clearance on the cage and the rolling-element motion. This is particularly important

at low loads as cage becomes unstable*!,

This will also explain scatter in the measured
data at low loads. But our main interest here is to determine the minimum load required
to avoid skidding, and the numerical simulations are able to determine this value quite

accurately.

3.3.1 Mechanism of Skidding Under Constant Axial Loads and
Constant Speeds

All the results presented in this chapter hereafter are for an example with the bearing and

the lubricant parameters listed in tables 3.2 and 3.3. Skidding mechanism under constant
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axial loads and constant speeds can be divided into two types.

1. Drag-Sliding. This occurs when the applied load is not enough to generate traction

forces required to overcome the viscous drag acting on a rolling element. Figure 3.9a
shows the variation in the cage/inner-race speed ratio with the applied load. At low
loads, the traction forces at the contact interfaces are not enough to overcome the
drag force, hence the cage speed decreases. Since the drag force is proportional to
the square of the cage speed (equation 3.19), a decrease in the cage speed results in
the drag force reduction. This reduced drag force is balanced by the traction forces.
Decrease in the cage speed from the theoretical speed required for pure-rolling mo-
tion results in gross sliding at the contact interfaces (figure 3.9b). As we increase
the applied load, the cage speed approaches its theoretical value and the sliding
speed decreases. The sliding speed in figure 3.9b approaches zero asymptotically
and never actually becomes zero. This is for the reason that in order to gener-

ate traction forces, some amount of relative slip is required between the contacting
bodies.

. Gyroscopic-Spinning. In an angular contact ball bearing, a rolling element spins

about an axis (rotation axis in figure 3.10) passing through its centre at an angle 3
from the bearing axis. This spinning rolling-element is also forced to rotate about the
bearing axis. As the rolling element rotates around the bearing axis, the direction
of its angular momentum changes continuously. This change in angular momentum
generates a gyroscopic torque which is balanced by the traction forces acting at
the contact interfaces. At low loads, traction forces are not enough to provide
the required gyroscopic torque and rotation axis of the rolling element changes its
orientation and becomes almost parallel to the bearing axis, thereby reducing the

required gyroscopic torque (figure 3.11). Rotational speed of the rolling element (wy)
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also increases to eliminate the translational speed differential between the rolling
element and the raceways (figure 3.9d). However, the low-load orientation (P1 in
figure 3.11) of the rotation axis causes the rolling element to spin on the raceways,
which results in skidding (figure 3.9¢). As we increase the applied load, the traction
forces increase as well, and the rotation axis of the rolling element approaches its
theoretical pure-rolling orientation (P2 in figure 3.11), thereby reducing the spin
speed and skidding.

From the above discussion we can conclude that an axial load applied on a thrust bearing
must be able to overcome the drag force as well as it must be able to provide the required

gyroscopic torque to avoid skidding.

3.3.2 Derivation of Skidding Criterion for Constant Axial Loads
and Constant Speeds
In the previous section we observe that for any given rotational speed a minimum load is

required to prevent skidding. In this section, we derive a simple expression to calculate

this minimum load without having to run the full numerical model of section 3.2. The
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derivation is based on the two assumptions.

1. Contact forces between a rolling element and inner and outer raceways are same,
ie., F;=F, (= F,); where F, = F,/(zsinf3).

2. Contact angles at the inner and the outer contact interfaces are same, i.e., §; =

Bo (= 5).

If the friction coefficient between a rolling element and raceways is p, then the maximum
friction force at the contact interfaces would be p.F., and the maximum friction moment
acting on the rolling element to provide the gyroscopic torque will be 2ru.F,. In order
to avoid gyroscopic-spinning, this friction moment must be able to provide the required

gyroscopic torque. Therefore,

2rpucFe. > |[Iwe X wy|

> |Twawpsing]. (3.33)
Substitution of w, = W = <1 - jss/f) Lowy = —wit = — (TT" - Crf:;f) “ F, = F,/(zsinf)
and [ = %mrQ into equation 3.33 gives

F, > 2k (1 cosBYT () cosf sin®f (3.34)
“ T 200 )T /T ) ’

w' and wi® mentioned above are the theoretical values of cage and ball speeds.
The friction forces at the contact interfaces must also be able to balance the drag force

in order to avoid drag-sliding. Hence,
2peFe > Firag. (3.35)

Since F, = F,/(zsinf), and substituting Fy..e from equation 3.19 into 3.35 yields

7Cpp(whr,)?r?

A1te

F, >

zsinf. (3.36)

To calculate the minimum load from equations 3.34 and 3.36, we require the value
of the friction coefficient p.. Figure 3.12 shows the variation of the friction coefficient
with slip speed calculated using the EHD lubrication model (described in section 3.2.3).
Initially the friction coefficient increases with slip; but as we increase the slip speed beyond
a certain value (Aupeax), the friction coefficient starts to decrease due to the reduction

in viscosity caused by shear heating. Peak value of the friction coefficient (fpear) will
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give us the maximum available friction force. If this friction force is not able to satisfy
the drag-sliding and the gyroscopic-spinning conditions, the rolling elements will skid.
So, one option is to use this peak value (fpeak) 8s pte; but the slip speed corresponding
to the peak value of the traction curve (Aupeq in figure 3.12) could be larger than the
maximum permissible slip, which will not fulfill our aim of avoiding skidding. To overcome
this problem, we define a maximum permissible slip speed Auna., and use the friction

coefficient at this slip speed as p. (figure 3.12). Therefore, following from equation 3.31a,

| [ (AUmax) | A
o= —— - “max / / 2" y")da"dy". (3.37)

—a —b

Here n(2”,y"), defined by equation 3.26, is a function of F..

To derive equation 3.37 from 3.31a, we make some simplifications: first, we assume
that the slip speed over the contact patch is constant, Au(z”,y”) = Aupax for all 2” and
y”; second, we assume that the film thickness and viscosity at outer contact is same as
inner contact, h, = h;(= h) and n, = n;(= n). For the results presented in this section we
use 1% of rolling speed as the maximum permissible slip, Aupax = 0.017wy,. Substituting

equation 3.37 into 3.34 and 3.36 give the following two conditions.

h 2,.2
/ / 2" y")da" dy" > T CZ'Z(M ro) (condition to avoid drag-sliding) (3.38a)
umax

—a —b

Goh
/ / n(z",y")da"dy" > —2 (condition to avoid gyroscopic-spinning). (3.38b)
umax

—a —b
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Here Gy = mg%w? (1 — iZ—jf)Q (1 + ?C"Z_S/f) sinB. In equations 3.38, n(x”,y"), a, b and h are
functions of the applied load F,. We solve equations 3.38 numerically to get the values of
the minimum applied loads. Equation 3.38a represents the criterion to avoid drag-sliding,
and equation 3.38b represents the criterion to avoid gyroscopic-spinning.

Figures 3.13a and 3.13b show the contour plots of the sliding (Au!) and the spin (w})
speeds at the inner-race contact. Darker regions in the plots represent sliding/spinning
while the white regions represent no-sliding/no-spinning. It is clear from the plots that
skidding occurs at low loads and high speeds. Minimum loads required to avoid drag-
sliding and gyroscopic-spinning, obtained from equations 3.38, are also plotted on top
of the numerical results (thick black lines). Clearly, the skidding criteria defined by
equations 3.38 are successfully able to identify the regions with skidding. Figure 3.13c
shows a skidding map with different regimes of skidding. In order to avoid the skidding
damage, a bearing must operate in the no-skidding zone of the map.

Using equations 3.38, we can quickly generate the skidding map (like the one shown
in figure 3.13¢) for any bearing without having to run the time-consuming full numerical
model. According to the map shown in figure 3.13c, load required to prevent drag-sliding
is always smaller than the load required to prevent gyroscopic-spinning. But, this might
not always be the case. Depending on the bearing geometry, it is possible to have a case
in which load required to prevent drag-sliding is more than the load required to prevent
gyroscopic-spinning (see appendix A).

Now, let us compare the proposed skidding criterion (equations 3.38) with the following

conventional criteria found in the literature.

1. Hirano’s criterion to avoid skidding in ball bearings under axial load,

zF,
E,>=—°. 3.39
— 0.1 (3:39)
2. Kliman’s[™ criterion to avoid skidding in ball bearings under axial load,
F, > zF tanp. (3.40)

Figures 3.13a and 3.13b show the minimum load predicted by the three skidding criteria
(Hirano, Kliman and the one proposed here) along with the numerical simulations results.
Skidding zones predicted by the new proposed criteria are better than the Hirano’s and
Kliman’s criteria for both the drag-sliding and the gyroscopic-spinning regimes. Another
advantage of the proposed criteria over Hirano and Kliman is its dependency over the

lubricant traction properties. Figure 3.14 shows the skidding behaviour of the exam-
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Figure 3.13: (a) Contour plot showing variation in sliding speed (m/s) at inner-race
contact (Auf‘) with applied axial load and inner-race speed, along with the Kliman’s
criterion (equation 3.40), Hirano’s criterion (equation 3.39) and new proposed drag-
sliding criterion (equation 3.38a) (b) Contour plot showing variation in spin speed
(rad/s) at inner-race contact (w?') with applied axial load and inner-race speed along
with proposed gyroscopic-slip criterion (equation 3.38b) (c) Skidding map for axially
loaded bearing showing different regimes of skidding
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Figure 3.14: Slip speed variation with axial load for two lubricants (L; and L)
with different viscosity-pressure coefficients; remaining properties of both lubricants
are same (table 3.3). Skidding criteria predicted by Hirano and Kliman along with
the new proposed method are shown.

ple bearing with two lubricants having different viscosity-pressure coefficients. Since the
criteria provided by Hirano and Kliman do not take into account lubricant traction be-
haviour, they predict the same minimum load for both cases; while the skidding criterion
proposed here predicts different minimum load for each case and the predicted loads are
close to the minimum loads required to avoid skidding for the slip-curves calculated using

the numerical simulations.

3.4 Skidding Under Combined Axial and Radial Loads

In the presence of both axial and radial loads, a load zone is formed inside a bearing and
the contact force is not uniformly distributed among the rolling elements. The rolling
elements lying inside this load zone are loaded while those outside are unloaded. Due to
the formation of this load zone, motion of a rolling element and its skidding behaviour
are different from what we observed in the previous section where load was uniformly

distributed on the rolling elements.
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3.4.1 Mechanism of Skidding Under Combined Loads

To explain the skidding mechanism under combined loading conditions, we take an exam-
ple where the bearing of table 3.2 is operating under an axial load of 4.3 kN and a radial
load of 4 kN. The maximum contact force on a rolling element is 1300 N and the size of
the load zone is 180°; rotational speed of the inner race is 1500 rpm.

Figure 3.15 shows the motion of a rolling element during one complete rotation. Ar-
row 1 (figure 3.15a) represents the actual angular momentum of a rolling element or its
instantaneous rotation-axis and arrow 2 is the “pure-rolling” vector which represents the
motion of a rolling element without any skidding. If arrow 1 is aligned with arrow 2 then
skidding does not take place. Motion of the rolling element can be divided into following

five regions.

1. Sliding-contact region at entry (A to B). When a rolling element enters the load
zone, its rotation-axis (arrow 1) is not aligned with the pure-rolling vector (arrow 2)
which results in gross slip between the rolling element and the raceways. This gross
slip is primarily caused by the translational speed differential between the contacting
bodies (rolling element and raceways). Therefore, we call this region sliding-contact
at entry (point A to B in figure 3.15). Figure 3.16a shows the variation of the
maximum slip speed at the inner contact patch (Aw;) with the orbital position of
a rolling element. A high value of slip speed can be observed in the sliding-contact
region at entry. By looking at the sliding velocity distribution over the contact
patch between the rolling element and the inner race (figure 3.16b), it is clear that
the sliding velocity is nearly constant in both the direction and the magnitude
throughout the contact patch - which shows the existence of the translational speed
differential between the contacting surfaces. As the rolling element moves further
into the load zone, friction torque acting on it starts to increase and its rotation axis
begins to align itself with the bearing axis. At point B (end of the sliding-contact
region) the rotation axis becomes parallel to the bearing axis. The rotational speed
of the rolling element (wj) also starts to increase from its theoretical value (wi) and
at point B it becomes w], (=~ wil/cosfB) (see figure 3.17) which is the speed required
to eliminate the translational speed differential between the rolling element and the

raceways. Translational-sliding does not take place beyond this point.

2. Spin-contact region (B to C). At point B, the rotation axis of the rolling element
is parallel to the bearing axis, which produces a spin component of the rotational
speed along the contact line (2” axis in figure 3.6). The magnitude of this spin

speed is wpsinf (at point B). The rolling element spins between points B and C
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on the inner and the outer contact patches, which results in gross slip. Therefore,
we call this region spin-contact region as slip is caused by relative spinning of the
contacting surfaces rather than the translational speed differential. Figure 3.16¢
shows the distribution of the slip velocity over the inner contact patch. A circular
pattern of the slip lines clearly shows the existence of the relative spinning between
the contacting surfaces and absence of any translational speed differential. As the
rolling element moves from point B to C, the rotation-axis starts to rotate towards
the pure-rolling vector (arrow 2) in the radial plane (y'z’) and the slip speed starts
to decrease (figure 3.16a). At point C, the rotation-axis aligns itself with the pure-
rolling vector, and neither translational sliding nor spinning takes place beyond this
point. The magnitude of the maximum slip speed at the contact patch in this region
is less than that at the sliding-contact region at entry but significantly more than

the rolling-contact region.

. Rolling-contact region (C to D). In this region, no gross slip takes place between

the rolling elements and the raceways. Although some slippage is needed between
the contacting surfaces to generate the required traction forces, but the magnitude
of such slip speed is much less than what we observe in the previous two skidding
regions (figure 3.16a). The rotation-axis is aligned with the pure-rolling vector

throughout this region.

. Sliding-contact region at exit (D to E). At point D, the contact force acting on

the rolling element is just enough to provide frictional torque required for rolling
without skidding. As the rolling element moves beyond this point towards E (load-
zone exit), the contact force decreases and the frictional torque is no longer able
to provide the gyroscopic torque required for pure-rolling motion. This results in
gross slip. Since this slip occurs when the rolling element is about to leave the
load zone, we call this region sliding-contact region at exit. Figure 3.16d shows the
distribution of slip velocity over the inner contact patch. The distribution is similar
to what we observed during the sliding-contact at entry, and shows the existence of

translational speed differential.

. Unloaded region (E to A). In this region, there is no contact force acting on the rolling

element. Therefore, in the absence of any frictional torque, angular momentum of
the rolling element remains constant throughout this region (figure 3.15b). Since
arrow 2 is not aligned with arrow 1, high gross slip occurs at the contact interfaces
(figure 3.16a). However, damage caused by this slippage in the absence of any

contact force is negligible compared to the skidding damage inside the load zone.
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Figure 3.17: Variation in the rotational speed of a rolling element with orbital
position of a rolling element under combined loading condition; F, = 4.3 kN, F, =
4kN, w; = 1500 rpm

We observe that the skidding mechanism under combined loading condition is different
from the skidding under pure axial loads. For the case of a bearing operating under axial
loads, if the load is less than a minimum required value then the rolling elements skid
all through their orbital motion uniformly. On the other hand, skidding pattern changes
with the location of a rolling element inside the bearing operating under the combined
loading conditions. Sliding-contact and spin-contact regions are the two critical zones
where substantial damage to the rolling elements and raceways can take place. Therefore,
it is important for a bearing designer to know their size for a given set of loads and bearing

geometry.

3.4.2 A Simple Analytical Method to Determine the Extent of
the Skidding Region Inside the Load Zone

In the previous section we have investigated bearing skidding under combined axial and
radial loads. The maximum skidding occurs within the two regions formed inside the
load zone: (i) sliding-contact region at entry, and (ii) spin-contact region. We calculate

the extents of these regions using the full numerical model of section 3.2, which is time
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Figure 3.18: Angular momentum of a rolling element at the boundaries of different
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consuming. In this section we derive a simple analytical method to calculate the length*
of sliding-contact and spin-contact regions for a given bearing geometry and applied load
and speed. The approach is based on Newton’s second law of motion. We know the
angular momentum of a rolling element at the boundaries of different skidding regions
inside a load zone (figures 3.18 and 3.19), but we do not know quantitatively how this
angular momentum changes inside these skidding regions. Therefore, according to New-
ton’s second law of motion, we calculate the change in the angular momentum caused by
a skidding region and we equate it to the impulse due to friction moment acting on a

rolling element in that skidding region. This gives us the extent of the skidding region.

3.4.2.1 Extent of the Sliding-Contact Region at Entry

Figure 3.18 shows the sliding-contact and the spin-contact regions represented by the
angles #; and 6, respectively. Let us first consider the sliding-contact region. In the
previous section we have observed when a rolling element passes through an unloaded
region, its angular momentum remains unchanged because of the absence of any contact

force. Therefore, the angular momentum of a rolling element when it enters the load zone

*‘length’ suggests a distance in metres, but the calculated ‘extent’ is in radians. We will use the terms
‘extent’ and ‘length’ interchangeably.
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at point A (Hy,) is approximately equal to the angular momentum at the point of exit

from the load zone, point E (Hy, ). This gives
Hoy, = Hy., (3.41)

where 6, and 6. are the angles corresponding to the start and the end of the load zone.
If we ignore the change in angular momentum caused by the sliding-contact region at
exit (as it is small compared to the sliding-contact region at entry) then the angular mo-
mentum at point E can be approximated by pure-rolling angular-momentum!. In the mov-
ing reference frame z'y’2’ (figure 3.4), pure-rolling angular-momentum is — 7w (sinf3 J +
cosfk’). Using this expression and by transforming equation 3.41 from the moving refer-
ence frame z'y’z" to the fixed reference frame xyz, we get
Hy, = Ho,
= —Iwgh(sinﬁl' + cosBk’)
= —Jwi"(sinBcosh.i + sinfsind.j + cosfk). (3.42)

At point B (transition point between sliding-contact region at entry and spin-contact

region), rotation-axis of the rolling element becomes parallel to the bearing axis and

"By pure-rolling angular-momentum, we mean the theoretical value of the angular momentum required
for pure-rolling motion
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rotational speed of the rolling element increases from wi to w; (= wi®/cosB) in order to
eliminate the translational gross sliding (see section 3.4.1 for the detailed explanation).

Thus, the angular momentum at point B can be calculated as

Hy, = —IWk. (3.43)
The change in angular momentum between points A and B is
AHap = Hp — Hy,
= —Twyk + Twi"(sinBcosfi + sinfsinf. j + cosfBk)
= —Jw"(—sinBcosfi — sinfsinf.j + tanfsinfk). (3.44)

This change in angular momentum must be provided by the moment due to friction
forces acting on the rolling element. In order to determine the frictional moment acting
on the rolling element between points A and B, we must know the direction as well as the
magnitude of the friction forces acting at the contact interfaces. We make the following
simplifications/assumptions to calculate the direction and the magnitude of these friction

forces.

e We assume that the variation in the contact force between rolling elements and

raceways inside a load zone is parabolic, i.e.,

9
0 for 6 < 6, or 6 > 40,,

Fe(0) =

amm _ o0, ch<
{ 0 0,) (1 ) for 0, < 6 < 6, 5.05)

where 0, = 0. — 0, and F™* is the maximum contact force acting on a rolling

element inside a load zone.

e When a rolling element enters a load zone, its rotation-axis is not aligned with
the pure-rolling vector. Therefore, the translational velocity of the inner contact-
point (located on the rolling element) along the rolling direction® is less than the
translational velocity of the corresponding contact point located on the inner race.
This results in sliding along the —x” axis. Similarly, the translational speed of
the outer contact-point (located on the rolling element) along the rolling direction
is greater than the corresponding contact point located on the outer race, which

results in sliding along the 2" axis. Hence, friction forces will act in the z” axis® at

fRolling direction is parallel to the minor axis 2" of the contact ellipse (figure 3.7)
$Direction of the friction force is opposite to the slip velocity
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the inner-race contact and in the —z” axis at the outer-race contact. Mathematically

these friction forces can be written as

fi=fi"=—fid (3.46a)

and

fo = _foi” = foZ/‘J/y (346b)

where f; and f, are the magnitudes of the friction forces acting at the inner-race and
the outer-race contacts. Equation 3.46 gives us the directions of the friction forces.
The direction of the friction force changes continuously as a rolling element passes
through the sliding-contact region. At any location inside the sliding-contact region,
the friction force will have components along both the minor and the major axes of
the contact ellipse. It is difficult to calculate the precise direction at a given location
inside the sliding-contact region without knowing the instantaneous slip velocities.
Therefore, we assume that the friction force will act in the same direction (defined
by equation 3.46) throughout the sliding-contact region. The directions defined by
equation 3.46 are along the rolling direction (minor axis of a contact ellipse), and

the friction forces acting along the major axis of a contact ellipse are ignored.

e In order to determine the magnitude of these friction forces, we must first calculate
the coefficient of friction acting between rolling elements and raceways in the sliding-
contact region. As observed in section 3.3, value of the friction coefficient between
rolling elements and raceways depends upon the contact force (F,) and the sliding
speed (Au). Therefore, as the contact force and sliding speed vary inside a load zone,
friction coefficient also varies. We know the contact load variation (equation 3.45)
but we do not know how the sliding speed varies inside the load zone. Therefore,
to simplify the analysis we assume that the friction coefficient will remain constant
throughout the sliding-contact region. In order to determine its value we use the

average contact force (Fyye = 2F™*/3)% and sliding speed at point A (Au,). Thus,

’f(AuA AUA
AR = — // 2" y")dz"dy". (3.47)
Favg hFavg S

Using equation 3.47 and assuming that the inner- and outer-race contact forces are

T Average contact force: Fyyy = é fgee F.(0)df = 2 Fmax
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same, we can calculate the magnitude of friction forces as

fi=fo = papFe(0). (3.48)

Our next step is to calculate the sliding speed at point A (Auy in equation 3.47). The

rotational velocity of a rolling element at point E is

ws, = —wi (cosﬁb’%—sinﬁl")

= —wh (sinﬁcos@ei—i— sinfsindej + cosﬁ]g) . (3.49)

This velocity remains unchanged between points E and A, and by transforming equa-
tion 3.49 from fixed to moving reference frame we can calculate the rotational velocity at

point A as

Wy, = —wil {sinﬁcos@e (sin@sj - Cosé’i’) + sinf3sind, (—cos@sjf + sinQQ’) + cosﬁ[g’} .
(3.50)
Substituting equation 3.50 into the sliding speed equation 3.28a gives the three compo-

nents of the sliding speed at the inner-race contact patch

AuY = —rwih {sin’B (cosfecost, + sinb,sinb,) + cos”B} + r; (w; — we) (3.51a)
Au‘f’; = rwisin? B (cosh,sinf, — sinf.cosb) (3.51b)
A = rwiPcosfsing (cosfesind, — sinf.cos,) . (3.51c)

From equations 3.51 we can calculate the sliding speed at point A as

Auy = \/(Auf{)Q + (Aufﬁ()Q + (Auj{)? (3.52)

By substituting the value of Au, from equation 3.52 into equation 3.47 we can calculate
the friction coefficient in the sliding-contact region (pap), which gives us the magnitude
of the friction forces acting at the contact interfaces.

At this point, we have all the ingredients required to calculate the friction moment
acting on the rolling element as it passes through the sliding-contact region at entry.

Using equations 3.46, we obtain the expression for the friction moment as
Map =pi X fi+ Do X [o, (3.53)

where p; and p, are the position vectors of the inner- and outer-race contact points given
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by

pi = r(sinfk" — cospj’) (3.54a)

and

po = r(—sinfk’ + cosfj’). (3.54b)

Substitution of equations 3.54 into equation 3.53 and using equation 3.48 yields

Map(0) = —2rpapFe(0)(sinfj’ + cospk’)
= —2rpapke.(0)(sinBeostli + sinfsinfj + cospk). (3.55)

The impulse due to this friction torque is
17
Sap = i / M ap(6)de, (3.56)
c b,

using § = w®t and provided w'" stays constant. We assume that the primary component
of the friction forces (equation 3.46) is acting along the rolling direction (minor axis of
the contact ellipse), and neglect the friction forces acting along the major axis. Friction
forces along the major axis will generate a friction moment acting along the 2’ axis
(moving reference frame), and this friction moment will influence the impulse in = and y
directions (fixed reference frame). But, the impulse calculation in the z direction will not
be influenced by the friction moment acting along the z’ axis, because k-7’ = 0. Therefore,
substituting equation 3.55 into 3.56 and taking the z-component of the impulse gives
01
Sap -k = — [ —2rpanFL(0)cospd0

th
wc
05

01
2rpapcosf
= _w—gh F.(6)do. (3.57)
95

We integrate equation 3.57 by using the parabolic load approximation defined in equa-
tion 3.45, which yields

8rpapF " cosf P
Sap - k=— 307 —1 +§0L19 : (3.58)
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where ¥ (= 0; — 0;) is the size of the sliding-contact region at entry.

This impulse produced by the friction moment must provide the required change in

angular momentum between points A and B. This condition gives
1Sap k| > |AHap - k. (3.59)

Inserting equations 3.58 and 3.44 into equation 3.59 gives the following inequality.

3lwihwihtan? 562

>
- 8rpapfimax

—9% + §9L192

’ 5 (3.60)

Solution of equation 3.60 gives us the length of the sliding-contact region at entry (¢).

3.4.2.2 Extent of the Spin-Contact Region

Spin-contact region is the region between points B and C in figure 3.18. Point C is
the transition point between the spin-contact and the rolling-contact regions. Angular

momentum at C (Hy,) can be calculated from the pure-rolling angular-momentum, i.e.,

Hy, = —Iw,t)h(sinﬂjf + cosfE)
= —Jw"(sinfcosfyi + sinfsinfyj + cosfBk). (3.61)

We have already calculated the angular momentum at point B (equation 3.43). Thus, the

change in angular momentum between points B and C is

AHpc = Ho, — Ho,
= —Jw"(sinfcosfyi + sinfsinfyj — tanBsinfk). (3.62)

Like the sliding-contact region, we assume that the friction coefficient between rolling
elements and raceways remains constant throughout the spin-contact region. In order to
determine the value of this friction coefficient, we use the average contact force (Fjy,) and
the average slip speed acting on the contact patch at point B. From section 3.4.1, we know
that at point B the rolling element is spinning on the contact patch with a speed of wysinf
(= wttanB). Due to this spinning, slip speed at any point P(z”, ") on the contact patch
(figure 3.7) is \/W times the spin speed. The slip speed is maximum at the
two edges lying on the major axis of the contact ellipse, and the value of this maximum

slip speed is awtanB. Slip speed at the centre of the contact ellipse is zero. Hence, the
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average slip speed over the contact patch at point B is
L
Aup = §awb tanf. (3.63)

Using the slip speed described by equation 3.63 and the average contact force (Fjys) acting

on the rolling elements, we calculate the friction coefficient for the spin-contact region as

‘f (AUB A
— v / / 2,y )da"dy". (3.64)

F, avg hF avg

We now calculate the spin moment acting on the rolling element during the spin-
contact region. If the contact pressurel at a point P(z”,y”) on the contact-ellipse is
o(z”,y",0), the friction force over a differential element (dz”dy”) is ugco(z”,y", 0)dz"dy";
and the spin-moment generated by this differential friction force is
(e, o, 0@ T ey
By integrating this differential spin-moment over the entire contact ellipse, we obtain the

total spin-moment acting on the rolling element as

a b
MBC(Q) = 2//#300(%1/’@)\/ 2?2 4 y2dady E”

—a —b
a b
B 3F€(9)\/ AN (AN 3 2 "
- 2//“30 s V1 (5) ~ (§) Vor+vidady &
—a —b
3 ®(a,b
/LBCTZS%)Fe(e)(COSﬁCOSQL'—I— cosfsindj — sinfk), (3.65)
- L
where ®(a,b) f f \/1 - ) a2 +y2dady. A factor of two in the above

—a —b

equation comes from the spin moment contributions by both the inner-race and the outer-
race contacts. The contact patch dimensions (a and b) vary with the contact force, but in
equation 3.65 these are treated as constants and their values are calculated at the average

contact force (F,g) acting on a rolling element. The z-component of the impulse due to

lUnder combined loading conditions, contact pressure varies with 6, because of the variation in the
contact force inside the load zone
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this spin-moment is

wth

Spo-k — / M - kdo

3upc®(a,b) smﬂ

mabwth

T b)smﬁ( 007 @3+03_29Lﬂ2), (3.66)

thp2
Tabwiho;

where © (= 05 — 0,) is the total size of skidding region (sliding-contact region + spin-
contact region) and 1 is obtained from equation 3.60.

The impulse due to the spin moment must provide the required change in angular
momentum. Thus, substitution of equations 3.62 and 3.66 into the condition |Spc - k| >

|Ahpc - k| yields the following inequality.

th,th2
§9L192 S mablwy w07 tan

2 - 4MBcFénach)(a, b)

3
§0L®2 — 0%+ — (3.67)
Solution of equation 3.67 gives us the combined length () of the sliding-contact and the

spin-contact regions.

3.4.2.3 Influence of the Applied Load on the Extent of the Skidding Region

In the previous two sections, we derive two analytical equations (equations 3.60 and 3.67)
to calculate the lengths of the skidding regions inside the load zone. In this section we
compare these analytical equations with the full numerical model, and we also analyze
the influence of the applied load on the lengths of these skidding regions.

Figure 3.20 shows the variation in the lengths of the sliding-contact region at entry
() and the combined sliding- and spin-contact regions (©) with the maximum contact
force acting on a rolling element (F™**). Lengths of the skidding regions in the figure
are normalized by the length of load zone, ie., © = ©/6, and 9 = /0. The values
of ©® and ¢ are determined using both the full numerical analysis of section 3.2 and the
simple analytical method described in sections 3.4.2.1 and 3.4.2.2. For each load-case™
shown in figure 3.20, numerical analysis takes around 30 minutes to compute the lengths
of the skidding regions. On the other hand, analytical method takes just a few seconds

to calculate these lengths for all the load-cases. We can make the following observations

**Each data point (circle or cross) in figure 3.20 represents a load-case
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Figure 3.20: Normalized lengths of the skidding regions (sliding-contact and spin-
contact) inside load zone calculated using both full numerical simulations (circles
and crosses) and simple analytical solution (continuous lines). Slip speed at inner-
race contact is also shown for the two cases: P1 - applied load is less than F, and
rolling-contact region is not present inside the load zone, P2 - applied load is greater
than F, and rolling-contact region is present
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Figure 3.21: Variation in the cage speed with applied load under combined axial
and radial loads

from figure 3.20.

The lengths of the sliding-contact and the spin-contact regions predicted by the
analytical equations are in close agreement with the numerical simulations. This

validates the proposed analytical method.

The lengths of both the sliding- and the spin-contact regions decrease as we increase
the applied load, and they approach zero value asymptotically. This means that it
is possible to reduce the lengths of these skidding regions by increasing the applied
load. Though, it is not possible to completely eliminate skidding, no matter how

high the applied load is.

There is a critical load (F.) below which © = 6, (or © = 1), i.e., the total length
of the skidding region is equal to the length of the load zone. Therefore, rolling-
contact region does not exist in bearings operating below F, (e.g. P1in figure 3.20),
and skidding takes place throughout the load zone. Figure 3.21 shows the variation
of the cage speed with the maximum contact force acting on a rolling element.
Clearly, if the maximum contact force is below F., the cage speed is lower than
its corresponding theoretical value. This is because in the absence of a rolling-
contact region, all the rolling elements skid inside the load zone; and none of them

is able to drive the cage at the required speed. In the presence of a rolling-contact
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region, all the rolling elements which are within this region do pure-rolling motion.
Consequently these rolling elements are able to drive the cage at the theoretical
pure-rolling speed. For a bearing designer, it is crucial to know the value of this
critical load F, for a given bearing. Using equations 3.60 and 3.67 we can easily
calculate this critical load. Since ¢ is always less than 6, ¥* < 20,92, Therefore,
equation 3.60 becomes

3

30 92 _ g i 3lwitwihtan? 562
2

8rpapFmax

(3.68)

Similarly, © < 6, which means ©3 < 36,02, and © > ¢ (combined length of the
sliding-contact and the spin-contact regions is always greater than the length of the

spin-contact region). Hence equation 3.67 becomes

3 3 mablw!"w™0? tan3
20,07 —0° — (20,9 -9 ) = b—c L 3.69
27" (2 - AppcFrax®(a, b) (3.69)
Substituting equation 3.68 into 3.69 and solving for F;"** yields
o _ Iﬁghwgzeitagﬁ ( mwab n 3tanﬁ) ‘ (3.70)
50.6% — 6 dppc®(a,b)  8rpas

If a bearing is operating at the critical load (F,), the length of the combined sliding-
and spin-contact region is equal to the length of the load zone. To determine the

expression for the critical load we substitute © = 0, into equation 3.70, which gives

P 21wihwthtan 3 ( wab 3tanﬁ)

e + 3.71
0, dupc®(a,b)  8ruap ( )

Equation 3.71 gives us the value of the critical load required for the formation of a
rolling-contact region inside the load zone. The contact-ellipse dimensions a and b,
and friction coefficients 45 and pge in equation 3.71 are functions of the applied

load. Therefore, equation 3.71 must be solved iteratively.

e Deviation in the cage-speed from its pure-rolling value is often used as an indicator
of skidding, which is true for the bearings operating under axial loads. However, for
the bearings operating under combined axial and radial loads, deviation in the cage
speed does not provide us the complete information about the skidding behaviour.

That is even if there is no deviation in the cage speed (for loads greater than F),

ffInequality (>) in equation 3.60 is replaced by equality (=) as we are interested in the minimum
length of the skidding region required to provide the desired change in angular momentum
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skidding can take place in the sliding- and spin-contact regions.

Equation 3.60, used to calculate the length of the sliding-contact region, is not valid
if Fma < [ or © > ;. This is because under this condition a rolling-contact
region does not get created inside the load zone and angular momentum at point E
cannot be approximated by the pure-rolling value. Hence, the derivation described
in section 3.4.2.1 breaks down.

The value of the critical load (Fe) predicted by the analytical method is slightly
different from the one predicted by the numerical analysis (figure 3.20). As we
approach the critical load from a higher load value, the normalized length of the
combined skidding region predicted by the analytical method increases smoothly;
but the normalized length predicted by the numerical model suddenly jumps to
1. This is because while deriving the analytical solution, we ignore the formation
of a sliding-contact region at exit. As we move towards the critical load from a
higher load, the length of the rolling-contact region decreases. At a certain load,
the rolling-contact region completely disappears and the rolling element transits
from the spin-contact region directly into the sliding-contact region at exit, and the
length of the skidding region becomes equal to the length of the load zone. Hence,
at this load, the value of the normalized length of the skidding region predicted by
the numerical model jumps to 1. On the other hand, the analytical method does
not take into account the formation of a sliding-contact region at exit. In this case,
the rolling-contact region extends up to the end of the load zone. As we decrease
the load further, the length of the rolling-contact region decreases smoothly until
it reaches zero. This explains the smooth increase in the normalized length and a

small error in the prediction of the critical load.

The analytical method proposed here tells us the extent of the skidding region as well

as the minimum load required to establish a rolling-contact region inside a load zone.

The assumptions made during the derivation limit the scope of the method, but they

also allow us to obtain some interesting new analytical results. One limitation of the

analytical solution is that it does not tell us anything about the variation in the slip

speeds inside the skidding region, which is important to calculate the amount of damage

caused by skidding. We should note here that although the analytical method is derived

for a Newtonian fluid under an EHD lubrication regime, the method is applicable to a

non-Newtonian fluid or a mixed lubrication regime. We have to change only the way the

friction coefficients in the skidding regions are calculated.
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3.5 Skidding Under Constant Axial Loads and Time-
Varying Speeds

So far we have considered skidding under constant speed conditions; but in some cases, for
example wind turbines, bearing speed might vary with time. Therefore, in this section, we
will analyze the skidding behaviour of bearings operating under constant axial loads and
time-varying speeds to understand the effect of speed variation on skidding behaviour.

For simplicity, we assume that the speed variation is sinusoidal, i.e.,
w; = wo + Awsin(§2), (3.72)

where wg is the mean speed, Aw is the amplitude of speed fluctuation, and €2 is the

frequency of speed-fluctuation.

3.5.1 Skidding Mechanism Under Time-Varying Speeds

In order to quantify the effect of speed-fluctuation amplitude Aw and frequency €2 on
the skidding behaviour, we solve the numerical model of section 3.2 along with the inner-
race speed profile described by equation 3.72 to calculate the slip speeds at the contact
interfaces for various values of Aw and 2. Figure 3.22a shows a skidding map for the
example bearing obtained from the numerical simulations under a mean speed (wg) of
1500 rpm and a constant axial load of 3.5 kN. The Z-axis of the map represents the
“PV-factor”, which is defined as the product of the contact force and sliding speed. If a
bearing is operating under a time-varying speed, then the PV-factor will also vary with
time. Therefore, we calculate a time-averaged value of the PV-factor over n cycles of

speed-fluctuation. Mathematically, it is calculated as

nT,

/ F.(s)| Au(s)|ds (3.73)

0

PV-factor =

nic

where T, is the time-period of speed fluctuation (= 27/Q2). For the skidding map of
figure 3.22a, PV-factor is averaged over five cycles i.e., n = 5.

Higher values of the PV-factor represent the possibility of skidding damage. Therefore,
based on PV-factor values, the skidding map of figure 3.22a can be divided into two
regions: “Skidding zone” with high PV-factor and “No-skidding zone” with almost zero
PV-factor. We can make the following observations from the skidding map of figure 3.22a.

1. Skidding behaviour of a bearing under time-varying speeds depends on the ampli-
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tude and frequency of speed fluctuation.

2. For a given fluctuation amplitude (Aw), PV-factor suddenly increases as we increase
the fluctuation frequency beyond a critical value. For example, in the skidding
map of figure 3.22a high values of PV-factor can be observed when the fluctuation
frequency is increased above 40 Hz for the fluctuation amplitude of 500 rpm. Let
us call this critical frequency the “skidding onset frequency”. If the fluctuation
frequency is above this value then the bearing will start to skid. Similarly, we can

also define the “skidding onset amplitude” for a given fluctuation frequency.

3. Skidding onset frequency decreases as we increase the speed-fluctuation amplitude
and likewise skidding onset amplitude decreases as we increase the fluctuation fre-
quency. In other words, skidding occurs at high values of the speed-fluctuation

frequency and amplitude.

4. To avoid skidding, speed-fluctuation frequency and amplitude must be less than

their corresponding skidding onset values as defined above.

In order to understand the mechanism of skidding under time-varying speeds in detail,
let us first take a point A (Aw = 500 rpm, 2 = 20 Hz) which lies inside the no-skidding zone
of the skidding map of figure 3.22a. Figure 3.22b shows the cage speed variation with time
for the bearing operating at point A. The actual cage speed calculated using the numerical
model follows the applied theoretical speed profile (calculated using equation 3.72), and
hence no skidding takes place. Let us take another point B (Aw = 500 rpm, = 50 Hz)
which lies inside the skidding zone. In this case, the cage is struggling to catch up with
the applied speed variation (figure 3.22¢) because the applied fluctuation frequency is
much higher than the skidding-onset frequency for the fluctuation amplitude of 500 rpm.
Therefore, the traction forces are not able to provide enough acceleration to the rolling
elements to maintain the input speed profile. This results in skidding.

The skidding mechanism under constant axial load and sinusoidal speed variation,
explained here, is different from the skidding mechanism under constant load and constant
speed. Under time-varying speeds, skidding is primarily caused by the variation in the
orbital speed of a rolling element; whereas under constant speed, skidding is caused by
the viscous drag and gyroscopic effects. Now, if we apply the skidding criterion derived
for constant axial load and constant speed (section 3.3.2) to the example considered here
then according to the skidding map of figure 3.13¢, the bearing should not skid at the
mean speed of 1500 rpm and axial load of 3.5 kN. However, figure 3.22a clearly shows

that the bearing will skid if Aw or 2 are larger than certain values. This proves that
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the skidding criterion derived for stationary operating conditions is not applicable for the

time-varying speeds.

3.5.2 Derivation of Skidding Criterion for Constant Axial Loads
and Time-Varying Speeds

In the previous section, we observe that the occurrence of skidding under constant ax-
ial loads and time-varying speeds depends on the frequency and amplitude of speed-
fluctuation. Skidding takes place if the values of fluctuation frequency and amplitude are
greater than the skidding-onset frequency and amplitude. In this section we will derive a
simple analytical expression to determine the skidding-onset frequency and amplitude for
a given bearing geometry and operating conditions. From the applied inner-race speed

profile (equation 3.72), we can obtain the rolling-element orbital speed and its first deriva-

tive as
we= (1 cosiy _ Gr{wo + Aw sin(Qt) } (3.74a)
D) rofr) '
and
we = G Aw Q cos(2mQt), (3.74b)

where G = % <1 — ff;—jé) . Equations 3.74 explain why rolling elements skid at high speed-
fluctuation frequencies and amplitudes. Since the orbital acceleration (w.) is proportional
to Aw and €2, large values of these parameters result in large orbital acceleration. This
acceleration must be provided by the friction forces acting between the rolling elements
and the raceways. If the friction forces are not enough to provide the required orbital

acceleration, rolling elements will skid.

Orbital motion of a rolling element inside a bearing is governed by equation 3.20.
Bearing is operating under an axial load, therefore, all the rolling elements will have the
same loading conditions and the cage forces can be ignored. Substitution of Fi,ee = 0 and

w, from equation 3.74 into equation 3.20 yields
— (f¥ri 4+ f%ry) = L.G1AwQcos(270%) 4 Fragry. (3.75)

If the maximum friction coefficient between rolling elements and raceways is . then the
maximum value of the friction force between a rolling element and inner or outer raceway
would be . times the contact-force; therefore, | ff’| < peF; and | f§/| < ueF,. We also

assume that the contact forces between a rolling element and inner- and outer-race are
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same i.e. F; = I, = F,. Using these conditions we can rewrite equation 3.75 as
peFe(ri +15) > [1.G1Q2AWCos(2mO0t) + Fraghy|- (3.76)

We use the peak value of the traction curve (ppeax in figure 3.12) as the maximum friction

coefficient, i.e.,

. f (A;:,eak _ Aupeak / / ey (3.77)
where film thickness h and lubricant viscosity n(z”,y") are calculated at the mean oper-
ating speed wy.

We can further simplify equation 3.76 by substituting the maximum value of {cos(27Qt)}
as 1, Farag = 5Cpp(Giwory)?r? (from equation 3.19) and F, = F,/(zsinf3), which leads to

2 eFa 7 o C
0Aw < ritro) _ D7T,0T3r2w§ <1 _ ) : (3.78)
zI sinf3 (1 — i—jﬁ) 21 rp/T

Equation 3.78 gives us the skidding-onset values of speed-fluctuation amplitude and fre-
quency for a given bearing geometry and operating conditions, using which we can cal-
culate the boundary between the skidding and no-skidding regions of the skidding map
shown in figure 3.22a without running the full numerical model. Skidding boundary calcu-
lated by equation 3.78 are plotted on top of the skidding map generated using numerical
simulations (figure 3.22a). The proposed equation is successfully able to identify the
skidding region in the map.

3.6 Conclusions

We present a dynamic model, which uses EHD lubrication theory and includes gyroscopic
effects, to study the roll-slip behaviour of angular-contact ball-bearings. We also discuss
the skidding characteristics of these bearings under various operating conditions. Based

on these discussions, we can draw the following conclusions.

e For the case of a bearing operating under constant axial load and constant speed,
a minimum load is required to prevent skidding. The value of this minimum load
depends on the bearing geometry, rotational speed and lubricant properties. We
propose a simple equation to calculate this load without having to run the time

consuming numerical model.
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We study the ball motion inside a bearing operating under combined axial and
radial loads in detail, and show that the skidding mechanism under these conditions
is different from the skidding mechanism under axially loaded bearings due to the
formation of a load zone. Maximum skidding occurs when a rolling element enters

the load zone. We also identify different regions of skidding inside the load zone.

We show that it is possible to predict the extents of different skidding regions formed
inside the load zone of a bearing operating under combined axial and radial loads
using a simple analytical method. We derive equations governing the extents of the
sliding-contact and the spin-contact regions. The proposed analytical solution does
not require much computational power and therefore, it can be used as a design

tool.

For the case of a bearing operating under combined axial and radial loads, a min-
imum load is required for the formation of a rolling-contact region (skidding does
not take place inside this region). If the applied load is below this minimum load
then rolling elements skid through out the load zone, causing the maximum damage
to the bearing. We derive an equation to predict this minimum load for a given

bearing geometry and operating speeds.

We analyze the skidding behaviour under constant axial loads and sinusoidal speed
fluctuations. For a given fluctuation amplitude, rolling elements start to skid when
the fluctuation frequency is increased above a critical value (skidding-onset fre-

quency). We derive an analytical equation to predict this skidding-onset frequency.

We also establish that any skidding criteria derived for axial loading conditions
cannot be applied to a bearing operating under combined loading conditions or time-
varying speeds. This is because the underlying skidding mechanism is completely

different in the three cases.



Chapter 4
Fault Detection in Planet Bearings

Planet bearings of wind-turbine gearboxes exhibit a high failure rate and are con-
sidered as one of the most critical components. In order to detect localized faults
in planet bearings using vibration measurements, a detailed knowledge of their vi-
bration signature is required. In this chapter, we develop a dynamic model of
a wind-turbine planetary-drivetrain. The model includes a flexible ring-gear and
a planet bearing with localized faults. We determine the vibration signatures of
planet-bearing faults located on inner race, outer race and rolling elements. We
also calculate the impulse due to a bearing fault, explore its dependence on load
and speed, and investigate how it influences the vibration signatures of faults. The
findings from this chapter will improve the existing detection techniques for planet-

bearing faults in wind-turbine gearboxes.

4.1 Introduction

Planet bearings are considered as one of the most critical components with very high
failure rate®. Vibration based techniques are mostly used to detect bearing faults in
wind-turbine gearboxes. In order to detect planet-bearing faults using vibration measure-
ments, a thorough understanding of their vibration signature is required. For example,
we must know how the presence of a planet-bearing fault alters the vibration behaviour
of a planetary drivetrain.

In chapter 2, we review various models available in the literature to simulate vibration
behaviour of bearing containing localized faults. The review suggests that most of these
models are limited to fixed-axis bearings, i.e., bearings whose rotation axes are stationary
with respect to vibration sensors mounted on gearbox housing. The rotation axis of a
planet bearing changes with time due to carrier rotation. Thus, the vibration signature

of a planet bearing is different from a fixed-axis bearing because of the complicated

79
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and time-varying vibration transmission-path. No published work has been found in
the literature which simulates this complicated transmission path and determines the
vibration signature of a planetary drive containing localized planet-bearing faults.

In order to determine the vibration characteristics of planet bearings, dynamics of a
planetary drivetrain containing these bearings must also be considered. Researchers have
developed numerous models of varying complexity to simulate the vibration response of
a healthy planetary drive. We discuss some of these model in chapter 2. Most of these
models do not include a flexible ring-gear and the vibration transmission path between a
ring-planet mesh and a measurement-point fixed on the ring gear is approximated by a
Hann function. Very few analytical models take into account ring-gear deformation. One
such model is proposed by Wu and Parker [,

Literature review also suggests that an assumption commonly made in the bearing-
fault-detection literature is that the impulse due to a localized bearing-fault is proportional
to the contact force acting on a rolling element during impact, and none of the published
work provide any scientific justification to this assumption.

Bearing-fault and planetary models available in the literature provide a good under-
standing of the vibration behaviour of defective fixed-axis bearings and healthy planetary-
drivetrains. However, vibration response of a planetary drivetrain containing a non-fixed-
axis planet bearing with localized faults (spalls or pits) has not been studied so far. In
this chapter, we determine the vibration signatures of planet-bearings faults using an

analytical model. The main contributions of this chapter are:

1. an analytical planetary-drivetrain model which includes a deformable ring-gear and

localized planet-bearing faults (section 4.2);

2. a closed-form expression for the frequency response of ring gear, in the presence
of different planet-bearing faults, in terms of modal properties of the system (sec-
tion 4.3);

3. the vibration signatures of planet bearings containing localized inner-race, outer-
race and rolling-element faults (section 4.4), validated using experimental results
(section 4.6);

4. identification of different sources of modulation sidebands providing an explanation

for their formation (section 4.4.4);

5. an investigation of the influence of ring-gear flexibility on the vibration signatures

of planet-bearing faults (section 4.5);
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Figure 4.1: Analytical model of a planetary drivetrain with a flexible ring-gear
and a defective planet-bearing

6. calculation of the impulse due to a localized bearing fault and quantification of the

effect of rolling-element speed and load on the impulse value (section 4.7).

4.2 Analytical Model Description

The analytical model (figure 4.1) is developed for spur gears and only considers the in-
plane dynamics of drivetrain components. Sun gear, planet gears and carrier are modelled
as rigid bodies (similar to Lin and Parker[%]) with coordinates q) = (m(.),y(.),e(.))T,
where x(,) and y(,) are the translational degrees-of-freedom in x and y directions, 0(e) is
the rotational degree-of-freedom (DOF) about z axis. Subscript (s) is s for sun gear; p;
for i'" planet gear; and ¢ for carrier. Variables written in bold letters represent matrices
in this chapter. In addition to gears, planet bearing containing a localized fault (also
referred as “defective bearing”) is also included in the model. The planet gear containing
this bearing serves as the outer race and the inner race is modelled as a rigid body
with coordinates qp = (2, ys, #)7. Inner and outer raceways of the defective bearing are
connected together with linear springs representing bearing stiffness k;,. Contact between
two meshing gears is represented by a linear time-invariant spring which acts along the
line-of-action of a gear-pair. Ring gear is modelled as a continuous elastic ring. w, and wy

are the radial and tangential DOFs of the ring gear. Equations of motion described in the
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following sections are derived in the XY Z coordinate system which is rotating with the
carrier. The Coriolis and centripetal terms due to the rotation of the coordinate system
are small and can be neglected while deriving the equations of motion for the individual
components. The justification for choosing a rotating coordinate-system is provided later

(section 4.2.5) when we write the equation of motion for the combined system.

4.2.1 Equation of Motion for a Flexible Ring Gear

Equations governing the dynamics of a continuous elastic ring in the radial and the tan-

gential directions are!6?!

EWY, , ., Eht

1373 (w)" — wy) — = (w). + wp) + pAR, g + Kol Rwy = fo(6,1) (4.1a)
and

Eh3 E

12};%5 (w" — w)') + %(w’g +w,) + pAR0, + K AR w, = f.(0,1), (4.1b)

where (o) = 8(s)/0t, (s) = 8(s)/00, K, and K, are the distributed support stiffness in
the radial and tangential directions, R, is the pitch radius of the ring gear, h is the ring
gear thickness, ¢ is the ring gear width, A is the cross-section area (= (h), E is the young’s
modulus, and f,(0,t) and fy(0,t) are the external forces acting on the ring in radial and

tangential directions. See appendix B for the derivation of equations 4.1.

Equation 4.1 can be simplified by representing the ring gear DOFs in terms of the

vibration modes of an elastic ring using Fourier series expansion as

w(0,) = an(t)cos(nd) + by (t)sin(n) (4.2a)
and "
wy(6,t) = Z Cnay (t)sin(nb) — ¢, by, (t)cos(nb), (4.2b)

where a,, and b, are the modal participation factors for the n'* mode, n is the ring-mode
index, ® is the highest ring mode considered, and ¢, = —1/n for n > 0 and ¢, = —1 for
n = 0. For the results presented in this chapter ® is equal to 6; however, the methodology
developed here puts no upper limit on its value. Equation 4.2 is based on the assumption

that the ring gear is inextensional (see appendix B for a discussion on extensional and
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inextentional modes). Substitution of equation 4.2 into 4.1 yields
, 2
My, + Myw,*a, = {frcos(nb) + ¢, fosin(nb)} do (4.3a)
0
and
. , 27
Mb,, + Myw,2b, = / {frsin(nb) — ¢, focos(nh)} dé, (4.3b)
0
where
/ K.n?+ K,
wn2:wi+w forn > 1,
ph(n?+1)

w 1) K. +Ky E K,+Kys E\? 4K, (Eh

2 == — — — K, fi =0

TR T h R +\/( ph +pRz> 12 (Rz ) e
2(m2 1 2Eh2

2= 7112(;}2% (n2)—i— 0 is the n'" natural frequency of a free ring, and

M, = pAR,7(1 + %) is the modal mass.

Now, consider the ring-planet mesh shown in figure 4.2. Deformation in the contact

spring between ring and planet gears can be calculated as
App(t) = ap,(t)sing — yp, (t)cosg — ryby, (1)

2
T T
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where ¢ is the pressure angle, r, is the planet base radius, r, is the ring base radius,
0; = a; + ¢ — cos™t (r,/R,), and o is the position angle of the i planet in the rotating
coordinate system. Forces acting in the radial (F\/)) and tangential (F’) directions on
the ring gear due to the i*" planet can be calculated in terms of the ring-planet mesh force

F.p (= kypA,p), where k,, is the ring-planet mesh stiffness. Therefore,

T
2
) ponT _ F. (=) I
( Ty ) T ) P R’r‘ ? R’r‘
T
n\>
= kA, 1— (= 7__T , 4.6
Aol 1- () 5 (16)
where (o) is the transpose of the matrix (s). f, and fy in equation 4.3 can now be

expressed in terms of the point loads Fr(f ) and Fr(f) as

fo=>_ FD50-6) (4.7a)
=1
and
fo=) F6(0—0y), (4.7b)
1=1

where (e) is the delta function and z is the number of planets.

Substituting equations 4.7 into 4.3 and expressing w, and wy in terms of a, and b,,

using equation 4.2, leads to the following equation of motion for the ring gear
M, O a n w, 0 a
0 M, b 0 w, b
r r a
o s (2]} "

In equation 4.8 the sub-matrices are defined as follows

M, = diag(M07 My, - 7M<I>)a (49&)
a= (ap,ay, - ,CLq;)T, (4.9b)
b = (b, b1, ,ba)", (4.9¢)
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Wy = diag(MOw(,)27 le/12a T M<I>WLI>2)7 (49d)
dp = (qpm dpzs - - 7qu)T ) (496)
dp; = (xpi’ Yp; » epi)T' (4'9f)
In addition,
Ko7 = (K571, (K57)2, -+, (K31)2) (4.10a)
(K;li)z = <A67 AZD e 7A2D7 Béa Bi? R be)T(Sin(ba COS(ba TP)7 (410b)
z Alﬁ Aiz

KE=> [ | (4.10c)
i=1 \Ay A

Also,
(0,0) (0,1) (0,®)
T i e
1,0 1,1 1,0
. Ay Ay e AQ B
Al = _ _ . . for ® = 11,12, 21, 22, (4.11a)
(®,0) (®,1) (®,9)
A AY o AY
AR = ALAL AGY = BLAL AGY = ALBL ASY = BLB, (4.11b)
with
2
t) = R cos(e)b; — T—Tc-sin(.)& (4.12a)
(o) Rr ? Rr 7 ? .
and
BE.) = 1-— (E:) sin(.)@i + ﬁ:CjCOS(O)ei . (412b)

Symbol (s) = 0,1, -+ ,® in equations 4.12. Equation 4.8 defines the motion of the
ring gear in terms of modal participation factors a,, and b,,, which can be substituted into

equation 4.2 to obtain the ring-gear response in the rotating coordinate system.
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4.2.2 Equation of Motion for Planet Gears

Forces acting on the i planet due to planet-ring mesh force F, can be expressed in the

rotating coordinate system as

Frp, = krpl,p (—sing, cosp, r,)" . (4.13)

By considering the d’Alembert forces due to accelerations, we can write a force balance

equation for the i planet gear of mass m,, and moment of inertia I,, (about z axis). Thus,

Mp,dp, = Fip, +Fp, +Fgp,
krpyp (—sing, cosé, 7,)" + Fp, + Fop,, (4.14)

where matrix My, = diag(m,,, my,, Ip,), mpy, = m, for i # I and m,, = m, —m, fori =T,
I,, =1, for i #@ and I,, = I, — I for : = I', I is the index of the planet containing a
defective bearing, my, is the bearing inner-race mass, I, is the bearing moment of inertia,

Fop, = — (K33), dp, — (K35}), qs is the sun-planet mesh force and

SPi

Fc~:_chi .—KCPZ'C f F
F,, = Pi ( bzpz) dp; E)p 21)id 1 Z # . (4.15)
Fbpi = —Ko; Qdp; — Kyrap ifi="T
T
Matrices Klzog = Klﬂ) and Kgf = (K?S ) . Fep, and Fyp, are the carrier-planet and

bearing-planet forces respectively.

Equation 4.15 describes the connection between the i planet, carrier and defective
bearing inner-race. If i planet contains a defective bearing, i.e. i = I, then the planet
is connected to the inner race of the defective bearing; but if the planet does not contain
a defective bearing, i.e. ¢ # I', then it is directly connected to the carrier. Substitution

of equation 4.5 into 4.14 leads to

. r r a
Mpqpi + krp {Klrl)qpi + (Klg>i (b) } = Fpi + FSPi’ (416)

where (K35); = (K52)! and

sinp  —singcosd —r,sing
K} = cos’¢ TpCOSP
symm. r?

p
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4.2.3 Equation of Motion for the Inner Race of Defective Bearing

Forces acting on the inner race of a defective bearing are due to the planet gear and
carrier. If Fyp, is the force due to the planet gear and Fy, is the force due to the carrier,

then force equilibrium on the defective bearing inner-race is
1\/Ib(.flb = Fbpi + Fbc> (417)
where My, = diag(my, my, I,). The forces acting on the defective bearing inner-race are

_kl:p<xb — Tp,)
Foo, = | ki, (U6 — Up:) (4.18a)
0
and
—kj.(xp — xcO804; — YeSina;)
Foe = | —kb.(yp + zesina; — yecosa; —reb,) | (4.18Db)
—kf 6,

where £y, and kép are the radial and tangential stiffness between planet gear and defective

r

v, ki and kY. are the radial, tangential and torsional stiffness between

bearing, and k
carrier and defective bearing.

Substitution of equations 4.18 into 4.17 yields

My + (K3} + K55 ) an + KiBdp, + Kiide = 0, (4.19)
where K7} = diag(kj , k¢, 0), K}5 = —K7P, Kb = diag(kj,, ki, kf.), and
—ky cosoy;  —kyp sing; 0
K$y = | kisino; —klcosa; —kire
0 0 0

4.2.4 Equations of Motion for Carrier and Sun Gear

Equations of motion for carrier and sun gear are similar to the ones derived by Lin and
Parker® since in both formulations these components are treated as rigid bodies. The
only difference in the carrier equation is due to the inclusion of the defective-bearing
inner-race in the present analysis. So, if ¢ = I" then the carrier is connected to a defective-

bearing inner-race and if i # I' then the carrier is connected to the i** planet. Hence,
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equation for the carrier is

i#T
M.q. + {KB + K5+ Z (Kirf)i} qe + Kf3an
i=1:z
i#£D
+ > {(K5);ap} =0 (4.20)
i=1:z

and equation for the sun gear is

i=1 i=1
where M. = diag(m., m,, I.), Mg = diag(ms, ms, I;), Kg = diag(k, k;, 0) is the stiffness
matrix of bearings supporting sun and carrier, and kf and k; are the support stiffness in

x and y directions. Mesh stiffness matrices are defined in the appendix C.

4.2.5 Equation of Motion for the Combined System

The equation of motion of the combined system in the fixed coordinate system (X;Y;Z;

in figure 4.1) can be written as
M,yq + Kyysq = F, (4.22)

where My is the system mass matrix, Ksys is the system stiffness matrix in the fixed
coordinate system, F is the external force matrix and q is the matrix containing the
components’ coordinates in the fixed coordinate system. Since all the system components
are axi-symmetric (about Z axis), mass matrices in the fixed and the rotating coordinate
systems are same. System stiffness matrix, Ky, will vary with time due to a continuous
change in the planet position caused by the carrier rotation. To avoid this time-varying
stiffness in equation 4.22, we can take advantage of the cyclic symmetry of the structure
and formulate the equation of motion in the coordinate system XY Z (figure 4.1) which
is rotating with the carrier. Now, the system coordinate matrix (q) in the rotating

coordinate system becomes

q=Tgq or q=Tlq, (4.23)
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where T is the transformation matrix (defined in appendix C). Substitution of equa-

tion 4.23 into 4.22 and multiplying the equation by T yields
Mysd + w.Crq + (Koys — w’K.) g =F, (4.24)

where F = (Fg,Fy,Fp,, -+, Fp,,Fi, Fo)T = TF, K. = TKTT, Cy is a skew-
symmetric Coriolis matrix, and K. is the centripetal matrix. Carrier speed w. for a
typical wind-turbine planetary-drive is small (typically 10-15 rpm). At such low speeds,
the effects of Coriolis and centripetal terms are small and are neglected in the current

analysis (see appendix D for an explanation). Hence, equation 4.24 becomes

Mgysq + Kgysq = F, (4.25)
where g = (Qs, qr, Apy, *** , Apy> b, de)” and q, = (a, b)?. Substituting q = ue** (where
1> = —1) and F = 0 into equation 4.25 gives

— wMgeu + K u = 0. (4.26)

See appendix C for the formulation of Mg,y and K. Equation 4.26 is the eigenvalue
problem and its solution gives us the system natural frequencies €2, €25, - - -, Qx and mode-
shapes u®, u® ... u™ associated with each natural frequency. The corresponding
modal matrix is U = (u®, u® ... u®™) with u® = ( S”), uy), uz()?, e ,uz(fz), ul(f), ug))T

for 7 =1 to N and u” = ( z(z?, e ,UEL;), ul()g), e ,u,(];))T. N is the number of modes.

4.3 Derivation of Frequency-Response Function

Substitution of g = Un and F = UQ into equation 4.25 and pre-multiplication with U7

gives an uncoupled equation in terms of generalized coordinates 7).

n(t) + On = Q, (4.27)

where Q = diag(QZ,--- , Q%) and Q is the generalized force matrix. From equation 4.27

a generalized equation for "

coordinate, with modal damping factor &,, can be written
as

ﬁr + 2£rQrﬁr + anr - Qr- (428)

Now consider a defect located at an angle 7 in the rotating coordinate system on inner

race, outer race or rolling element of a planet bearing with position angle 6* (figure 4.4(a)).
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Table 4.1: Model parameters for a typical 2MW wind-turbine planetary drivetrain
(number of planets, z = 3). Symbols r, R, m and I take the subscript s for sun, p;
for i*" planet, r for ring and ¢ for carrier.

Parameter Sun  Planet Ring Carrier
Base radius (), mm 144.2 265.6 6753 436.6
Pitch radius (R), mm 153.6 283 7433 -
Face-width (¢), mm 325

Density (p), kg/m? 7800

Mass (m), kg 188 638 958 374
Inertia (I), kg.m? 2.2 25.5 617.4 35.6
Parameter Planet bearing
Number of rollers (Z,) 16

Roller radius (7), mm 27

Pitch radius (Rp), mm 156.5

Inner-race mass (m;), kg (includ- 410

ing planet pin)

Inertia ([;), kg.m? 10.6

Material Steel

Ring gear thickness (h), mm 75

Mesh stiffness, N/m
Ring support stiffness, N/m?3
Carrier coupling stiffness, N/m

ksp = kyp =5 x 10°

K, =10%/0, Ky =5 x 108/¢

k=2 x 108

krt = 108

» Wep

Planet bearing stiffness, N/m k;; =3 x 10%
Support stiffness, N/m kY =108
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Figure 4.3: An example of the frequency-response function of a planet-bearing
fault with (A,B,C,D,E) five dominant mode-shapes for § = §, 0* = § and v = —7.
Ring gear deforms in all the five dominant modes.



92 Fault Detection in Planet Bearings

Due to the dynamic interaction between the defect and the rolling elements, a force Fa
is applied to the i’* planet gear (i = I') as well as the defective-bearing inner-race in

opposite directions. Therefore,

F,, = Fa(cosy,siny, 0)" (4.29a)

and

Fy, =—F,. (4.29b)

Using Q = U”F, a generalized force for the r* coordinate can be calculated as

T
Q= () T+ (uf) Fy

= (u;?wcos*y + u;'l;z!sinfy)FA, (4.30)
where u) = (Uz(ni Uz(ni u%) ,()r) (ul(f), ul()r), ug)) and upb)( o= Uz(%?.) — ub . Substitu-

tion of equation 4.30 into 4.28 gives

fiy + 26,0, + Q2n, = (u](oz)zcosv + ug,lsin'y)FA. (4.31)

Putting n,(t) = n.(w)e™" and Fa(t) = Fa(w)e™! into equation 4.31 leads to

(r)

(r) :
upbw COS7Yy + upby Sy
r(w) = : Fa(w). 4.32
77( ) (Q% 2 2L€r Qr A( ) ( )

Now, using q = Un and the transformation matrix defined by equation 4.23, we can
calculate the modal participation factors for the ring gear in the fixed coordinate system
XY Z¢. Hence,

N
= Chpr Z u{n, (W) = Supe > uf ), (w) (4.33a)
r=1
and
N N
W) = Sugr D une(w) + Crg= Y g 1 (w), (4.33b)
= r=1

where C(q) = cos(s) and S(,) = sin(s). From equations 4.33 and 4.2, ring-gear response in

the radial and tangential directions are obtained and corresponding frequency-response
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functions (FRFs) are also calculated. FRF for the ring-gear radial-response is

Wr(e, w) Z(b_o{dn(w)cne + Bn(w)sne}
H * _ _ D
000 Fa(w) Fa(w)
sl B
- r=1 02 — w? 4 20&,w0, — {CroCrp-

+Sn95n9*} U,(;;) + {SnGOnH* - CnGSne*} ul()i)} : (434)

FRF given by equation 4.34 is a function of the position angles of the fault (), the
carrier (#*), and the measurement point (). Figure 4.3 shows an example of the FRF
calculated for § = 7, 0* = £ and v = —7. The damping & = 0.05 for all coordinates
r, this value of 5% is commonly used in structural vibration problems. The exact value
of the damping does not really influence the outcome of the method developed here.
Model parameters are listed in table 4.1. Ring gear deforms in all the dominant modes
(A, B, C, D, E) and it does not behave as a rigid body. Therefore, flexibility of the
ring is important for the accurate response prediction. If both uy, and Uy, Are Zero in
equation 4.34, FRF will be zero. This is because the presence of a fault will apply an
impulsive force to the inner and the outer raceways, which will cause the defective-bearing
inner-race and the planet gear to move apart. Hence, all the modes in which there is no
relative motion between a defective bearing and the planet gear containing this defective
bearing will not be present in the response spectrum. This is also confirmed by figure 4.3
in which all the dominant modes have relative displacement between the planet gear and

the defective-bearing inner-race.

4.4 Vibration Signatures of Planet-Bearing Faults

In the previous section we have observed that the FRF of a planet-bearing fault is the
function of fault-position angle and carrier-rotation angle. As a fault rotates around the
bearing centre and the bearing rotates with the carrier, these angles change and as a result,
FRF changes. This complicates the response calculation as for each impact between a
rolling element and a fault, we have a different FRF. In the following paragraph, we

discuss our approach of response calculation for the system with time-varying FRF.

The impact force produced when rolling elements strike a localized fault is modelled
as an impulse train shown in figure 4.4. The frequency of the impulse train wy is the

characteristic fault frequency and its value depends on the bearing geometry and operating
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Figure 4.4: (a) Free-body diagram of a

planet bearing showing formation of load

zone; (b) A train of impulses due to bearing fault; (¢) Impulse-train function showing
non-zero impulse value inside a load zone and zero impulse value outside a load zone.
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Figure 4.5: (a) Impulse train with impulse proportional to rolling-element load,
(b) Impulse train with impulse proportional to rolling-element speed

speed. This impulse train can be represented by

i Sp0(t —t,) (4.35)

p=0

where S, is the impulse due to p™ impact and ¢, (= 27p/w,) is the time at which p'®
impact occurs. If the impulse-response function for the p™ impact is h,(¢), radial response
of the ring gear at angle 6 due to p'* impact can be calculated using convolution theorem

as
t
@’ (0,t) = / 3,0(5 — ty)hy(t — 8)ds = hy(t — £,)S,. (4.36)
0

The combined response for all the impacts can be written as

pret :ihpt—t (4.37)
p=0

Fourier transform of equation 4.37 gives us the response in frequency domain. Thus,

+o0 00 0o
Wr<0, (,U) — / /LDT(67 t)e_“ﬂtdt — Z %p / hp(t —Lwtdt Z H —Lwtpc\,
_ purd oo

= Z H (v, 0 =wt,, 0,w)e " “"S,, (4.38)
p=0
where 7, is the position angle of the fault relative to carrier at the time t,,.

The next step is to determine the impulse S, due to the p™ impact. According to

McFadden and Smith® impacts generated when a rolling element passes through a
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localized fault are proportional to the contact force acting on the rolling element (fig-
ure 4.5a). In the current analysis, however, we use an impulse train (figure 4.5b) based on
the assumption that the impulse due to a bearing fault is: (i) proportional to the speed
of the rolling element and independent of contact force inside the load zone, and (ii) zero
outside the load zone. We provide a theoretical and an experimental justification to this

assumption later in section 4.7. Impulse due to the p'" impact can be described as
Sy = Srain(1p), (4.39)

where S 1S the impulse-train function. Planetary bearings are radially loaded, which
results in load-zone formation as shown in the figure 4.4. If v, and ~, represent the start
and end of loaded zone, the impulse-train function can be expressed in terms of v using

Fourier series. Thus
o0

%train<7) = %0 Z emeLm’Y, (440)

m=—o00
where g is the impulse inside the load zone and ¢,, = _Cms+c””52;i£;5"”5+S””€). For the
results presented in this chapter we have used v, = 0 and 7. = —, i.e., size of the load

zone is assumed to be 180°. This assumption is made just for simplicity, and the analytical
model developed in chapter is valid for the load zone of any size. The size of the load
zone does not influence the frequencies associated with the vibration signatures of planet-

bearing faults described later, it only influences the amplitudes at those frequencies. For

~vs = 0 and v, = —, €, becomes
0 for m even
€m =94 —1/tmm  for m odd (4.41)
1/2 for m = 0.

Substitution of equations 4.39 and 4.40 into equation 4.38 yields

W,(0,w) = Z Z H (7, 0 =wety, 0, w)e g€ ,e ™. (4.42)

p=0 m=—o0

Equation 4.42 gives us the frequency response of a ring gear at angle # in the presence of
a localized planet-bearing fault. Other parameters used for the results presented in this

chapter are &g = 1 Ns, & = 0.05 and w,. = 10 rpm.
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Figure 4.6: Analytical vibration signature of a planet-bearing inner-race fault lo-
cated at an angle 79 = —m /4, (a) frequency response, (b) clusters of peaks separated

by wyq, (c) sidebands within a cluster separated by carrier frequency w..
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4.4.1 Fault Located on an Inner Race

A localized fault located on inner race of a planet bearing does not move relative to carrier
and bearing load-zone. Therefore, position angle of the fault relative to carrier for p*™

impact (7,) remains constant for all the impacts, i.e.,
Y =7 for all p. (4.43)

Here 7y is the fault-location angle. Substitution of equation 4.43 into 4.42 yields

e} e}

W,(0,w) = Z Z H (70, 0 =wety, 0, w)e g€, e ™. (4.44)

p=0 m=—oc0

Equation 4.44 gives us the vibration signature of a planet-bearing inner-race fault.

Characteristic fault-frequency (wgy), in equation 4.44, for an inner-race fault is defined as

Zp Ty
Wy = 5(%’ — We) <1 + E) . (4.45)
Here, z, is the number of rolling elements in a planet bearing, 7, is the radius of a rolling

element, and Ry is the planet-bearing pitch radius.

Let us take an example of a wind turbine planetary drivetrain with parameters defined
in table 4.1. One of the planet bearings has a localized inner-race fault. Figure 4.6 shows
the vibration response at a measurement point fixed on the ring gear (6 = 7/2) calculated
using equation 4.44. The response contains clusters of peaks separated by characteristic
fault-frequency wy. This is because the Fourier transform of a time-domain impulse-train
is an impulse train in frequency domain. The period of time-domain impulse-train due to
bearing inner-race fault is 27 /wy, which results in the frequency separation of wy between
two consecutive clusters in figure 4.6. Each cluster contains several sidebands separated
by the carrier rotation frequency w.. These sidebands are caused by the amplitude and
frequency modulation of the signal due to carrier rotation. Measurement point is fixed on
the ring gear, but the fault is rotating with the carrier with a speed wy. This continuous
relative motion between the measurement point and the fault results in time-varying vi-
bration transmission-path, which generates modulation sidebands separated by the speed

of the fault relative to the measurement point (w.). This is analogous to Doppler effect.
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4.4.2 Fault Located on an Outer Race

Outer race of a planet bearing is fixed to a planet gear. Sometimes planet gear itself acts
as the outer race. A fault located on an outer race of a planet bearing rotates with the
planet gear with a speed wy. (= w, — w,) relative to carrier. Therefore, position angle of
the fault relative to carrier for p'* impact becomes

Whe

T = Wpctp = 27Tp . (446)
Wy

Characteristic fault-frequency for an outer-race fault is defined as

2p Tp
— P —wy (1) 447
Wi =5 (wp — we) ( Rb) (4.47)
Substitution of equations 4.46 and 4.47 into equation 4.42 gives us the vibration signature

of a planet-bearing outer-race fault.

Figure 4.7 shows the vibration response calculated at a measurement point fixed on
the ring gear (f = 7/2). Again, like the previous case, response contains clusters (of
peaks) separated by the characteristic fault-frequency wy, and within each cluster we have
several sidebands. But, unlike the inner-race defect signature, we now have two families
of sidebands: first with peaks separated by w., and second with peaks separated by wy.
The first family of sidebands is caused by the variation in vibration transmission-path.

The second family of sidebands is caused by two additional sources.

First source is the amplitude modulation caused by the variation in impulse magnitude
as the fault passes through the load zone. According to the impulse train of figure 4.5b,
impulse inside the load zone is non zero and impulse outside the load zone is zero. Due to
this variation in impulse magnitude, the vibration signal gets modulated by the impulse-

train defined by equation 4.40 and we get modulation sidebands separated by wy..

Second source is the amplitude modulation caused by the variation in impulse direc-
tion. Vibration is transmitted from the defective planet-bearing to the ring gear through
the mesh spring between the planet and the ring gears. An outer-race fault rotates relative
to this mesh spring with a frequency w,.. Impulse due a fault acts along the position angle
of the fault. When the impulse is parallel to the mesh spring, maximum force transmission
takes place; and when the impulse is perpendicular to the mesh spring, minimum force
transmission takes place. This variation in the force transmission results in modulation

sidebands separated by the frequency wy..



Vibration Signatures of Planet-Bearing Faults 101

4.4.3 Fault Located on a Rolling Element

A localized fault located on a rolling element generates two impulses during one rotation
of the rolling element - one when it strikes the inner race and other when it strikes the
outer race. In this analysis, we assume that the two impulses are identical in magnitude.
Similar to the outer-race fault, a fault located on a rolling element rotates relative to the

carrier. The position angle of a rolling element fault relative to the carrier is
Q
v = Qt, = 21p—, (4.48)
Wq

where () is the speed of the planet-bearing cage relative to the carrier. Characteristic
fault-frequency for a rolling-element fault is

wa= (=) (- 22 (4.49)

Ty

Substitution of equations 4.48 and 4.49 into equation 4.42 gives us the vibration signature
of a localized fault located on a rolling element of a planet bearing.

Figure 4.8 shows the vibration response calculated at the ring gear. The response is
similar to the outer-race fault with two families of sidebands caused by three modulation
sources. The only difference is that in the case of a rolling-element fault, sidebands due to
variation in impulse magnitude and direction are separated by {2 not w,.. This is because
a rolling-element fault moves relative to the load zone and the ring-planet mesh-spring

with frequency €.

4.4.4 Sources of Modulation Sidebands

In the previous three sections (4.4.1, 4.4.2 and 4.4.3), we have observed that the vi-
bration signatures of planet-bearing inner-race, outer-race and rolling-element faults are
complicated because of the presence of various modulation sidebands. In the following

paragraphs we summarize the sources of these modulation sidebands.

e Variation in impulse magnitude. This is caused by the rotation of a fault relative
to a load zone. Load zone of a planet bearing is fixed relative to the carrier, and
a fault rotates with a speed wy,. (if located on the outer race) or € (if located on a
rolling element) relative to the carrier. This results in a relative rotation between
the fault and the load zone. Impulse magnitude is non zero when the fault is inside
the load zone, and impulse magnitude is zero when the fault is outside the load zone

(figure 4.5b). This change in impulse magnitude modulates the defect signal and
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(a) frequency response, (b) clusters of peaks separated by wy, (c) sidebands within
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generates sidebands separated by the integer multiples of w,. (for outer-race fault)
and Q (for rolling-element fault). In the frequency-response spectrum we get peaks
at pwg +mwy. (for outer-race fault) and pw, +m (for rolling-element fault), where

integer p > 0 and m is any integer including zero.

e Variation in impulse direction. When a rolling element strikes a fault, the direction
of the impulse vector is along the position angle of the fault. In a planet bearing,
fault rotates with a speed wy, (if located on outer race) or €2 (if located on a rolling
element) relative to carrier. Ring-planet mesh-spring is always aligned with the line-
of-action of the gear pair, which is fixed relative to the carrier. Ring-gear response
is maximum when the impulse vector is parallel to the ring-planet mesh, ring-gear
response is minimum when the impulse vector is perpendicular to the ring-planet
mesh. Therefore, as the fault rotates relative to the ring-planet mesh, ring-gear
response varies sinusoidally with frequency wy. (for outer-race fault) and Q (for
rolling-element fault); and we get a pair of sidebands at pwy £ w,. (for outer-race

fault) and pw, + € (for rolling-element fault).

e Variation in vibration transmission-path. This is caused by the rotation of carrier.
Defective bearing rotates with the carrier relative to a measurement point (fixed
on the ring gear) with a speed w.. This relative rotation changes the vibration
transmission-path between a planet-bearing fault and a measurement point. This
variation in the vibration transmission path results in amplitude-modulation side-
bands separated by carrier frequency w. and we get peaks at pwg £+ nw., where
integer n > 0. Relative motion between the fault and the measurement point also
results in frequency modulation of the signal and we get sidebands separated by
the relative speed w., but these sidebands are less pronounced compared to the

amplitude-modulated sidebands because the impulse duration is small.

For the case of an inner-race fault, the fault does not move relative to the load zone or
the ring-planet mesh and the only source of modulation is due the variation in vibration
transmission-path caused by the carrier rotation. For the case of an outer-race fault,
all the three sources of modulation are present. By combining all the three sources of
modulation described above, we can define the sideband behaviour within each cluster of
figure 4.7 by pwq + (m £ 1)w,e £ nw,. Similarly, all the three sources of modulation are
present in the case of a rolling-element fault and the sideband behaviour can be described
by pwa + (m £ 1) £+ nw,..
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Figure 4.9: (a) An elastic ring excited by an impulse train moving with a constant
speed w,. (b) Impulse train with frequency wy exciting the elastic ring.
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4.5 Influence of Ring-Gear Flexibility on the Sideband

Behaviour

In section 4.4.4 we have identified various sources of modulation sidebands present in the
vibration signature of planet-bearing faults. In this section we examine how the flexibility

of the ring gear influences the sideband behaviour of planet-bearing faults.

Let us first take a simple example where an elastic ring is excited by an impulse train
(figure 4.9). Including modal damping in equation 4.3 we get the equation of motion of

the ring in terms of modal participation factors as

2T
n + 26,WnGy + wia, = ML / {frcos(nb) + ¢, fosin(nb)} do (4.50a)
n Jo
and
. . 1 2m
b + 26,wnby + Wb, = A {frsin(nb) — ¢, focos(nh)} d. (4.50b)
n Jo

Substituting a,(t) = a,(w)e™’, by(t) = by(w)e™t, f. = F(w)e“'§(0 — 6*), and fy = 0 into

equation 4.50 gives

w) = 3 jozg“j; e (4.51a)
and ‘
bo(w) = sin(né”) F(w). (4.51D)

My (w2 — w? + 20 wpw)
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Here, 6 is the force application angle. Using equations 4.51 and 4.2 we obtain the FRF

between the excitation point and the measurement point located at an angle 6 on the

ring,
= cos( nQ* Jcos(n@) + sin(nd*)sin(nb)
H . 4.52
W)= nz n(W2 — w? + 2, wnw) (4.52)
Ring is subjected to an impulse train, which can be described as
Fo(8) = S0t —1,). (4.53)

p=0

Using convolution theorem, ring-gear response in the radial direction can be calculated as

NE

we(t) =S Ryt —1,)3,. (4.54)

s
I
o

Following from equation 4.38, Fourier transform of the above equation gives
=Y H(w, 0 =wet,)e ", (4.55)

where t, = 2mp/wy. Using equation 4.52, cos(z) = (e* +e7**)/2, sin(z) = (e* —e™*") /21,
and assuming unit impulse for all p i.e. 3, =1 for all p, equation 4.55 can be simplified

as

i i cos(nf) — wsin(nf))e @ @)t 4 (cos(nf) + tsin(nf))e @ rnwets
2M,, (w2 — w? + 2 wpw) ‘

p=0 n=0
(4.56)
From equation 4.56 ring-gear response at # = 0 can be calculated as
0 X e—QWLp(w—nwc)/wd + e—27er(w+nwc)/wd
W, (w) = . 4.57
() Z Z 2M, (w2 — w? 4 20€wpw) (4.57)

Equation 4.57 describes the vibration response of an elastic ring (figure 4.9) excited by
an impulse train. From equation 4.57, it is clear that the response contains clusters (of
peaks) separated by wy and within each cluster there are sidebands separated by wi.

In order to determine the function governing the amplitudes of central peaks (pwg)

within each cluster, we put n = 0 in equation 4.57 which gives

Wred(w) = Z W (W)e_%W/wd’ (4.58)
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We
Figure 4.10: Frequency response of an elastic ring excited by a moving impulse-
train. Clusters of sidebands along with their envelope functions show that the am-

plitude of n'" sideband is governed by the n'® ring mode

where W, (w) is the function governing the amplitudes of peaks at pw, given by
(4.59)

1
Wow = )
pea (W) 2Mp(wd — w? + 21&owow)

Similarly, we can derive expressions for the functions governing amplitudes of first (pwy +

w.) and second (pwy £ 2w,.) sidebands as
1
(4.60a)

prd:l:wg(w) = 2M1(W% — w2 + 2L§1wlw)
(4.60b)

1
n 2M2(W% — w? + 2L§2W2W> .

and
prd +2w. (W )

Functions described in equations 4.59 and 4.60 are shown in figure 4.10 along with the
corresponding sidebands. The simple example described here clearly suggests that the
amplitudes of peaks corresponding to the n'® sideband (pwq 4= nw,) are governed by the
ring-gear mode. This is because of the rotation of vibration modes relative to the

nth
measurement point fixed on the ring. Rotation of the first vibration mode (breathing
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Figure 4.11: Variation in the sideband behaviour of a planet-bearing inner-race
fault with frequency. n' sideband dominates near the n'" ring-gear mode. Examples
are shown for A (n =1), B (n =2) and C (n = 3) with respective mode shapes.

mode) with respect to a fixed point on the ring does not lead to any modulation and
hence there are no sidebands. Along the same lines, rotation of the second vibration
mode results in one modulation cycle per rotation and we get sidebands corresponding to
n = 1. Rotation of the third vibration mode results in two modulation cycles per rotation

and we get sidebands corresponding to n = 2, and so on.

Sideband behaviour of a planet-bearing fault is more complicated than this simple
example as the vibration modes of an elastic ring-gear are coupled with the epicyclic-
drivetrain modes. Figure 4.11 shows the ring-gear response of the planetary drive of
table 4.1 in the presence of a planet-bearing inner-race fault. We have increased the
thickness of the ring to 2.5 times the value mentioned in the table to create more frequency

separation in the vibration modes of the ring. As with the simple example above, the
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Figure 4.12: Influence of ring-gear thickness on the sideband pattern. Higher-
order sidebands disappear as we increase the ring-gear thickness: (a) three dominant
sidebands for a thickness of 75 mm; (b) two dominant sidebands for a thickness of
2.5 x 75 mm; and (c) only one dominant sideband for a thickness of 5 x 75 mm.
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amplitudes of sidebands are governed by the corresponding ring-gear modes. For example,
modes near 180 Hz are governed by the second (n = 1) ring-gear mode and the clusters
in this region are dominated by n = 1 sidebands (pwq £ w.). Similarly, mode near 270 Hz
is governed by the third (n = 2) ring-gear mode and as a result the clusters in this region
are dominated by n = 2 sidebands (pwg + 2w..).

As we increase the ring-gear thickness, the frequencies of ring-gear modes increase.
This results in small contributions at low frequency range from the higher-order ring
modes and the amplitudes of higher-order sidebands decrease. Figure 4.12 shows the
sideband behaviour for three ring-gear thickness values. As we increase the thickness,
amplitudes of higher order sidebands decrease.

Based on the above discussions we can draw the following conclusions.
e Ring-gear modes govern the relative amplitudes of the sidebands in a fault signature.

e Sideband behaviour changes as we move across the frequency range because of the

shift in dominant ring-gear mode.

e Number of dominant sidebands at low frequency range in a fault signature depends
on the thickness of the ring gear. As we increase the thickness, higher-order side-

bands disappear.

4.6 Experimental Validation of Fault Signatures

In this section, we validate the theoretically predicted fault signatures against the experi-

(127 The experimental test-rig is designed

ments performed in collaboration with Whitely
by Whiteley "2l We briefly describe the test-rig and discuss three test results for inner-
race and outer-race faults. See Whitely"?" for a detailed description of test-rig design
and more experimental results.

We preform the experiments on an epicyclic test-rig (figure 4.13) consisting of a vari-
able speed motor (5.5 kW rated power), a reduction gearbox (1:30 speed ratio), a planetary
gearbox (about one-fifth of a typical wind turbine planetary gear stage and parameters
listed in table 4.2), and a disc-brake system to provide reaction torque. A localized defect
(3 mm wide) is introduced to one of the ball bearings supporting a planet gear using spark
erosion technique.

Tests are conducted at the carrier speeds of 72 and 96 rpm and carrier torque of
350 Nm. For the given bearing geometry (table 4.2b) and carrier speeds, characteristic
fault frequency w, for ball bearing is 15.4 Hz (for w, = 72 rpm) and 20.6 Hz (for w. = 96

rpm) for the inner-race defect, and 9.5 Hz (for w. = 72 rpm) and 12.7 Hz (for w. = 96 rpm)
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Table 4.2: Parameters of the planetary gearbox used in the test rig

(a) Epicyclic gears

Parameter Sun Planet Ring Carrier
Number of teeth 19 32 83 -
Base radius, mm 26.68 45.11 117 76.5
Pitch radius, mm 28.5 48 124.5 -
Face-width, mm 30

Density, kg/m3 7800

Number of planets 3

(b) Planet bearing

Ball bearing Roller bearing

Number of balls 8 11
Rolling-element radius, mm 3 5.5
Pitch radius, mm 12.65 12.5

“' S Y Ll
Reduction A

g-elarbOX Accelerometer

Figure 4.13: (a) Planetary test rig; (b) Epicyclic drivetrain used in the test rig;
(c) Planet bearing with a localized outer-race fault (a through rectangular hole)
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for the outer-race defect. For roller bearing, wy is 21 Hz (for w, = 72 rpm) and 28 Hz (for w,
= 96 rpm) for inner-race fault. The response is measured by an accelerometer mounted
on the ring gear. The accelerometer signal is high-pass filtered with cut-off frequency
30 kHz and then envelope analysis was carried out on the filtered response. The envelope

signal is then converted into frequency domain using MATLAB’s FFT algorithm.

Figure 4.14b shows the measured frequency response for an inner-race fault. As pre-
dicted by the theoretical model, the measured response contains clusters (of peaks) sep-
arated by wy and sidebands separated by w. within each cluster (figure 4.14¢). These
clusters of sidebands are not present in the case of a healthy gearbox, i.e., gearbox with-
out a planet bearing defect as shown in figure 4.14a. In addition to the sidebands separated
by w., we also get some sidebands which are spaced by the cage frequency of the planet
bearing relative to the carrier (€2), which we do not get from the analytical simulations.
In the analytical model, we assume that each impact between rolling-elements and inner-
race fault is identical because inner-race fault does not move relative to the load zone.
If there is a slight variation in the rolling-element diameters (due to manufacturing tol-
erance) then these impacts will no longer be same for all the rolling elements, and will
vary periodically with the frequency €2. This is because the same rolling element hits
the inner-race fault after the time-interval of 27 /Q. A periodic variation in the impulses

results in the amplitude modulation of the signal, and we get sidebands at wy & €.

Figure 4.15 shows the measured vibration signature of a more precise cylindrical-
roller bearing with an inner-race fault. The manufacturing tolerance on rolling-element
diameters is much less than the ball bearing of previous case. In this case, we only get the

sidebands separated by the carrier frequency w,. as predicted by the theoretical model.

We also carried out experiments for outer-race faults. Figure 4.16 shows the measured
frequency response containing a peak at the fault frequency wy and modulation sidebands.
Again, as predicted by the theoretical model, the measured response contains primary
sidebands separated by w,. and each primary sideband along with the central peak (at
wg) has secondary sidebands separated by carrier frequency w.. The sources of these

modulation sidebands are already discussed in section 4.4.4.

The experimental results presented in this section show that all the sources of modu-
lation sidebands discussed in section 4.4.4, which we identified using an analytical model,

are real and can be used to detect various faults in planet bearings.
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Figure 4.17: Different stages of a rolling element passing through a narrow local-
ized fault with a constant horizontal speed: (a) before entering the fault; (b) after
entering the fault; and (c) at the time of impact.

4.7 Impulse Generated by a Localized Bearing-Fault

In section 4.4 we make an assumption that the impulses generated when a rolling element
passes through a localized fault are proportional to the speed with which the rolling
element is traveling and independent of the contact force acting on the rolling element
during the impact. In this section we provide a justification to this assumption. McFadden
and Smith[® propose an analytical model to calculate the vibration response of a fixed-
axis bearing containing localized faults. In that model, authors make an assumption that
the impulse generated when a rolling element passes through a fault is proportional to the
contact force acting on the rolling element. They do not mention any speed dependence of
this impulse. This assumption is widely used in papers related to bearing-fault diagnostics

(e.g. [90:104,118,131])

justification to this assumption. Therefore, in this section we check the validity of this

during the last 30 years, but none of these papers provide any scientific

assumption and explore the relationship between the impulse generated by a defect and

rolling-element contact-force and speed.

4.7.1 Theoretical Impulse Calculation

Let us consider a rolling element of mass m and radius r travelling with a speed V' and
a force F' is acting on it (figure 4.17(a)). It passes through a rectangular fault of width
d and depth h. The width of the fault is sufficiently small so that the rolling element
never touches its bottom surface, i.e., d < 2v/2rh. The speed of the rolling element is
below a critical value of \/W (see appendix E for derivation) which ensures that the
rolling element does not loose contact with the left edge of the fault before the impact.
After the rolling element enters the fault, the speed of its centre of mass at an angle

0 becomes r6 (figure 4.17(b)). If we assume that the rolling element is moving with a
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constant horizontal speed V' then

V

rlcosh =V — = .
rcost

(4.61)

The angle at the time of impact between the rolling element and the right edge of the
fault is given by

cost) =1/1 — ——. (4.62)

If the fault is small compared to the radius of the rolling element then d?/r* << 1;
therefore, cosf ~ 1 and angular velocity of the rolling element just before the impact
w = V/r (from equation 4.61). Let us now determine the angular velocity just after the

impact. Using conservation of angular momentum about point O’ (figure 4.17(c)), we get

mriw (cos®d — sin®f) + Iw = (I +mr®) o/, (4.63)

where ' is the angular velocity of the rolling element just after the impact and [ = %mrQ

is the moment of inertia of the rolling element. Substituting 6 from equation 4.62 into

W= w (1 _ 3d_2) | (4.64)

For narrow faults w’ ~ w. We can now obtain the impulse in the vertical direction ()

4.63 and solving for w’ yields

which is equal to the change in linear momentum of the rolling element just before and

after the impact. Therefore,

3, = mrw'sing — (—mrwsing) = mrsinf (W' + w). (4.65)

Putting w’ ~ w, w ~ V/r and sinf = d/(2r) into equation 4.65 gives

d
S, =mV—. (4.66)

Similarly impulse in the horizontal direction is obtained which comes out to be zero.
Equation 4.66 clearly shows that the impulse generated, when a rolling element passes
through a narrow fault, is proportional to the speed of the rolling element and independent
of the applied load, as long as the speed is below \/W In appendix E, we show that if
the speed of the rolling element is above \/W then the impulse depends on the applied
load. However, for a planet bearing of a typical wind turbine gearbox, linear speed of a

rolling element is much less than this critical value.

A problem similar to this can also be found in the railway-vibration literature, where
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Figure 4.18: Effect of static axle-load on the peak impact-sound pressure-level
for a rail joint (reproduced from Ver et. al. [125]). At low speeds, sound pressure is
independent of axle load. At high speeds, sound pressure depends on axle load.

rail-wheel impacts are caused by joints in the railways, wheel flats etc. Ver et. al.l'?’]

investigate the impact noise generated by various wheel and rail discontinuities. Their
experimental analysis reveal that for a level joint the impact noise is proportional to the
speed of a train and independent of its weight, as long as the train speed is below a critical
value (figure 4.18). When they increase the train speed above this critical value, impact
noise becomes weight dependent and speed independent. They also derive the expression
for the critical speed in terms of wheel and train mass, which is consistent with the simple
analysis described above. Similar observations are found by Steenbergen''"). All these

railway vibration studies are in agreement with the impulse calculation described above.

At this point, we have two theories: first is based on the McFadden and Smith!” as-
sumption which suggests that the impulses generated by a localized fault are proportional
to the load acting on a rolling element; second is based on simple momentum-based calcu-
lations and railway-vibration literature which suggests that the impulses are proportional
to the speed and independent of the load. So, the two theories are in disagreement with
each other. The question is which one should we use to predict the vibration signatures
of planet bearings. We carry out an experimental analysis to find out the answer to this

question.
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bearing
Accelerometer [

(a) Experimental setup

Applied load

Shaft

9 @
/ \\ Defective bearing

(b) Small rig design

Floating bearing

Figure 4.19: Experimental setup used to measure the impulse generated by a
localized bearing-fault. Lever mechanism is used to vary the applied load and the
shaft in the small rig is driven by a hand drill.
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Normalized acceleration

time (s)

Figure 4.20: Typical acceleration signal measured by an accelerometer located
near the outer race of the faulty bearing. Each peak represents an impulse response
due to a bearing fault.

4.7.2 Experimental Determination of Impacts Generated by a
Localized Fault

Figure 4.19 shows the experimental setup used to determine the impacts generated by a
localized fault. The setup consists of a small rig with three bearings (figure 4.19). The
two bearings located at the ends support a shaft containing a floating bearing. One of
the end bearings (faulty bearing) contain a localized inner-race fault. A lever mechanism,
with 1:10 leverage ratio, is used to apply a constant radial load to the floating bearing.
This load is shared by the faulty bearings and the other end bearing. Different radial
loads can be applied to the faulty bearing by adding different weights to the lever arm.
An accelerometer is mounted near the outer race of the faulty bearing. The small rig is
driven by a variable-speed hand-drill. Experiments are carried out at two speeds (V =
0.18 m/s and 0.52 m/s) and five loads (F' = 170, 320, 460, 580 and 740 N).

Figure 4.20 shows a typical response measured by the accelerometer. The response
contains periodic impulses, separated by a time interval of 27 /w,, generated when rolling
elements pass through the fault. The vibration transmission path between the fault
and the measurement point remains constant as the locations of both the fault and the
accelerometer are fixed. Therefore, the response is not modulated and all the impulses
in the response signal (figure 4.20) are of the same magnitude. We calculate the average
magnitude of these impulses for different loads and speeds.

Figure 4.21 shows the variation of normalized impulse with the contact force acting on
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Figure 4.21: Measured variation in the impulse generated by a bearing fault with
the applied load at two rolling-element speeds. Theoretical impulse values predicted
from the speed-dependence (dotted blue) and load-dependence (dotted black) theo-
ries are also shown.

a rolling element at the time of impact for two different speeds. Each data point shows the
spread and the mean calculated for 10 different runs. It is clear from the figure that the
impulse is more sensitive to speed than load. Experimental data shows that the impulse
is proportional to V4, but more experiments should be performed at wide range of speed
values to accurately calculate this relationship. Figure 4.21 also shows the theoretical
impulses predicted by the two theories: load dependence and speed dependence. Since
the measured acceleration is proportional to the impulse and does not give us the impulse
magnitude directly, we have used the first data point at each speed to normalize the
impulse values predicted by the two theories.

The experimental results presented in this section clearly suggest that the impulse
generated by a localized narrow-fault depends primarily on the speed of a rolling element.

There is some load dependence but it is secondary compared to the speed dependence.

4.7.3 Reason Behind Secondary Load-Dependence

In the previous section, we have observed that the impulse generated by a localized fault
depends primarily on the rolling-element speed. This observation can be explained using

the simple impulse calculation described in section 4.7.1 (equation 4.66). We also found



120 Fault Detection in Planet Bearings

Trajectory of the rolling element as
y(t) it passes through the narrow fault

1= 7
v T

d

Figure 4.22: A rolling element of radius r with nonlinear contact springs passing
through a narrow fault of width d and depth A such that d < 2v/2rh, i.e., the rolling
element never touches the bottom of the fault.

that impulse increases with the load acting on a rolling element during the time of impact,
although the variation with the load is secondary compared to the speed. None of the
existing theories explain this secondary load-dependence of impulse. Therefore, in this
section, we analyze the influence of various factors on the impulse calculation to find out

the reason behind this secondary load-dependence.

4.7.3.1 Nonlinear Contact-Stiffness

Contact stiffness between a rolling element and raceways is governed by the Hertzian
contact theory and it is a nonlinear function of load. As the applied load on a rolling
element varies, its contact stiffness changes. In this section, we evaluate the influence of
this nonlinear contact stiffness on the impulse generated by a localized fault.

Let us consider a rolling element travelling with a constant horizontal speed between
two surfaces representing inner and outer raceways (figure 4.22). The rolling element is
connected to the raceways by springs representing the contact stiffness. The initial static
compression in each of these contact springs is §/2 which is caused by the application
of a constant force F'. The values of the contact stiffness are calculated for the constant
applied load F'. The trajectory of rolling-element’s centre of mass, when it passes through

the fault, is shown in the figure 4.22 and can be expressed as

V2,2 d
— 2=t for0<t< %
y(t) = { vy v (4.67)

d d

Equation 4.67 is based on the assumption that the rolling element never loses contact
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with the fault, and we have already established that this is true for a rolling element
located within the load zone of a typical wind-turbine planetary-bearing. We can now

write the equation of motion for the rolling element as
. 2 K
Z(t) + Q7x(t) = Ey(t), (4.68)

where Q = /2K /m and y is given by equation 4.67. Solution of equation 4.68 is

o(t) = é /0 %y(T)sin{Q(t _ )} dr (4.69)

Substituting y from equation 4.67 into 4.69 and solving the integral yields

() = % —(Vg;bd)z 4 ]_‘;;2 {1 — cos(Q)} — Z—‘g/zsin {Q (t _ %) H @)

Total force in the spring between the rolling element and upper raceway is K {z(t) + §/2},

and the static force (by ignoring the rolling element dynamics) in the spring is K {§/2 + y(t)/2}.
The dynamic force in the upper spring can be calculated by subtracting the static force

from the total force. Therefore,

Fipn = K (m(t) - @) , (4.71)

where z(t) is defined by equation 4.70. The trajectory of the rolling-elements centre of
(d—Vt)?
2R

(from equation 4.67). Since we are interested in the impulse when a rolling element
strikes the right edge of the fault, we substitute y(t) = _(d=vey?

2R
substitution gives

mass when it comes in contact with the right edge of the fault is defined by y(t) = —

into equation 4.71. The

K[ V2 av. . d
Fayn = 5 | ez {1 = cos(Q)} + msmﬁ(t — W> : (4.72)

For our test bearing, € is of the order of 10° rad/s. Thus, the magnitude of the first
(cosine) term in the above equation will be much smaller compared to the magnitude of the

second (sine) term. Neglecting the first term in equation 4.72 and making a substitution

t=t—d/(2V) yields
K adv . -
den = 5msm (Qt) . (473)

Equation 4.73 gives us the dynamic force when the rolling element strikes the right

edge of the fault. In order to calculate the impulse generated during the impact, we
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den(t)

Figure 4.23: An impact-force pulse due to a bearing fault

integrate the positive half-cycle of the sinusoidal dynamic force (figure 4.23). Therefore,

the impulse is given by
"/ K AV N d

S = ———sin (Qt) dt =mV —. 4.74

SRt () 0 (4.74)

Impulse given by equation 4.74 is independent of the contact stiffness K and is same as

the one calculated without considering the contact stiffness. This shows that the contact

stiffness does not influence the impulse value. Since contact stiffness is a function of the

applied load, impulse is independent of the applied load. The simple analysis described

here shows that the nonlinear behaviour of the contact stiffness does not explain the

secondary load-dependence of the impact generated by a fault.

One assumption we make in the analysis described above is that the rolling element is
always loaded. But in some cases, if a fault is wide enough, rolling element might become
unloaded as it enters the fault. We now analyse the influence of this unloading behaviour

on the impulse value.

Let us first consider an inertia based approach. Impulse generated during the impact
in the vertical direction is proportional to the vertical velocity of a rolling element just
before the impact. If the horizontal speed of the rolling element is constant then for any
position angle 6

rfcos =V, (4.75)

which gives
v

0 = .
rcost

(4.76)

Using the above expression for § we can calculate the rolling-element speed in the vertical
direction as
Viertical = 70sinf = Vtan®, (4.77)

where 6 varies from 0 (at the point of entry into the fault) to d/(2r) (at the point of
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Figure 4.24: Variation in the vertical velocity of a rolling element with its position
angle as it passes through the fault

impact). Figure 4.24 shows the variation of the vertical velocity with position angle 6. If
the vertical displacement (k' = d?/(8r) from equation 4.67) of the rolling element as it
passes through the fault is less than the static deflection of the rolling element (h' < 0)
then the rolling element never becomes completely unloaded and vertical velocity at the
time of impact is V2% | ~ Vd/(2r). However, if the vertical displacement is greater than
the static deflection (A’ > 4) then the rolling element becomes completely unloaded. Once
the rolling element is unloaded, its velocity remains constant in the absence of any contact
force. In this case, the vertical velocity of the rolling element just before the impact is
less than Vo3r . The position angle 6, at which the rolling element becomes unloaded,
is governed by the applied load. As we increase the applied load, static deflection in the
contact spring increases and the rolling element has to travel further into the fault before
it becomes completely unloaded. This reduces the difference between the vertical velocity
just before the impact and V24 | (figure 4.24). Hence, the vertical velocity of the rolling
element increases with the load, and this results in an increase in the impulse. But as
the load is increased beyond a point when the static deflection in the rolling element is
more than the maximum vertical displacement, the vertical velocity before the impact
stays constant at the value V24 and impulse becomes load independent. A qualitative

vertical

variation in the impulse with the applied load is shown in figure 4.25.



124 Fault Detection in Planet Bearings

Experiments are
conducted in this regime

.- ~.

----------

Impulse

> Load

& [ S
<

(h > 40) Critical (h <)

load

Figure 4.25: Qualitative variation in the impulse due a bearing fault with the
applied load. The regime in which experiments of section 4.7.2 were conducted is
also shown.

A similar conclusion can be derived by using a stiffness-based static approach. Let us
consider a spring with a constant stiffness K, representing the rolling element, travelling
with a constant horizontal speed. Initial compression in the spring is § due to the applied
load and initial spring force is K. If the initial compression is greater than the maximum
vertical displacement of the rolling element as it passes through the fault (6 > h’) then the
compression in the spring as it enters the fault becomes § — A/, and spring force becomes
K(6—1) (figure 4.26). Change in the static spring force as the spring passes through the
fault is

AFping = K1, (4.78)

which is independent of  and hence independent of the applied load. Next, let us consider
another case where the static deflection in the spring is less than the maximum vertical
displacement. In this case, the spring becomes completely unloaded when it enters the

fault and the spring force becomes zero. The change in the spring force is
AFping = K. (4.79)

Since ¢ is a function of the applied load, AFj,ing also depends on the applied load. Hence,
we get the impulse load-dependence similar to figure 4.25.
The qualitative analysis described here shows that the load dependence of the impulse

can only be explained if a fault is big enough for a rolling element to become completely
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Figure 4.26: A spring representing a rolling element passing through a fault. (a)
Initial compression in the spring is more than the maximum vertical displacement of
the rolling element. (b) Initial compression in the spring is less than the maximum
vertical displacement of the rolling element.

unloaded. For our test bearing this is not the case. The static deflection of a rolling
element of our test bearing at the contact force of 300 N is 70 pym and the maximum
vertical displacement of a rolling element when it enters the fault is about 40 pm which
is less than the static deflection. As a result, a rolling element in the test bearing never
becomes completely unloaded and the secondary load-dependence of the impulse which
we observed in the experimental analysis cannot be explained by the theory described in

this section.

4.7.3.2 Interaction Between Cage and Rolling-Elements

Impulse described by equation 4.66 is based on the assumption that the rolling element
travels with a constant horizontal speed. But under the application of a vertical load,
rolling element will accelerate as it enters the fault. Let us now remove this assumption

of constant horizontal speed and calculate the expression for the impulse.

Consider a rolling element at a position angle §. We assume that the rolling element
is rotating without any sliding about the contact point O with an angular speed 6 and
an angular acceleration 0 (figure 4.27). Balancing the moments about the contact point
O gives

(I +mr?) 6 = Frsind. (4.80)
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mr6?

Figure 4.27: Acceleration and forces acting on a rolling element as it enters the
fault (before impact).

Substituting I = %mrQ into the above equation and solving for 0 yields

; F
0= %sin@. (4.81)
Using ' '
.90 90 . . 5F
-2 - = = i 4.82
o %5 (96 = 000 = 000 ro— sinf00, (4.82)
we can obtain the angular speed of the rolling element at an angle 6 as
w. . 5F [° 10F
/ 6do = 5—/ sinfd) — w = \/wg + 108 (1 —cosb), (4.83)
wo mr J mr

where wy = V/r is the angular speed of the rolling element before it enters the fault.

d2
8r2»

the angular speed just before the impact as

S5F (d?
= 2 — . 4.84
“ \/wo * 28mr <7‘2) (484)

We have already calculated the angular speed just after the impact using the conser-

Substituting cosf ~ 1 — angle at the time of impact, into the above equation gives

vation of angular momentum, which is defined by equation 4.64. Now, we can determine

the impulse in the vertical direction as

S = mrw'sing — (—mrwsinf) = mr (W' + w) sinf. (4.85)
Substituting w’ from equation 4.64 and assuming that the fault is small, i.e., d?/r* << 1,

we can simplify equation 4.85 as

S = mdw. (4.86)
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Putting the value of w from equation 4.84 into the above equation gives

d | 5Fd?
Cx — m— V2 . 4.
> r + 28mr ( 87)

Equation 4.87 contains both the load and the speed terms, which explains the load and the

speed dependence of the impulse. Now let us check whether this equation also gives us the
primary speed and the secondary load dependence, which we observed in the experimental
data. For our test bearing: » = 3 mm, d = 1 mm, and m = 1072 kg. Putting these values

into equation 4.87 gives

103
3= —5—VVE+0.06F, (4.88)

and for V' = 0.52 m/s (maximum rolling-element speed for the experiments described in

section 4.7.2), above expression becomes

1073
X = 3 Vv0.27 + 0.06 F. (4.89)

Clearly, for F' = 100 N (which is less than the minimum rolling-element force used in the
experiments of figure 4.21) the load term dominates the above equation and the influence
of rolling-element speed on the impulse becomes secondary. This contradicts with the

experimental observation.

The analysis we have done so far suggests that if the horizontal speed of a rolling
element is kept constant when it passes through a fault then the impulse depends on the
speed and not on the applied load. On the other hand, if we allow a rolling element
to accelerate freely under the application of an applied load as it passes through the
fault then the impulse depends on both the applied load and the speed, but the load
dependence is more prominent compared to the speed dependence. A rolling element in
a bearing is constrained by a cage. As the rolling element tries to accelerate under the
application of a vertical load, cage resists its changing speed. Therefore, the acceleration
of the rolling element depends on the applied load as well as resistance force between the
rolling element and the cage. In the following paragraphs, we investigate the influence of

this rolling-element-cage interaction on the impulse.

Let us consider a rolling element at an angle 6 inside a fault (figure 4.28). The
rolling element is connected to a linear spring with spring constant kc,ee representing the
stiffness between the rolling element and a cage pillar. Speed of the cage inside a bearing
is determined by the rolling elements, if the cage is driven by the rolling elements. A
small change in the speed of a rolling element passing through a fault will not influence

the cage speed significantly, as all other rolling elements travel with a constant speed.



128 Fault Detection in Planet Bearings

Il%il\ Impact

Figure 4.28: A rolling element passing through a bearing fault and connected to
a cage pillar with a linear spring

Therefore, in our simplified model we assume that the other end of the spring is travelling
with a constant horizontal speed V. If the fault is small then the horizontal displacement
of the rolling element can be approximated by r#, and the compression in the cage spring
becomes rf — V't. Using this, we can write down a force balance equation for the rolling
element as

(I+mr?) 0 = Fro — keger (rd — V). (4.90)

Assuming that the damping in the system is high enough so that the small oscillations in

0 die out quickly, we can calculate the steady-state value of 6 from the above equation,

kcage V

= —-——
Fcager — F

t. (4.91)
By differentiating the above equation, we obtain the angular speed of the rolling element

just before the impact as

kcagev

=0 =& 4.92
“ kcager - F ( )
Substituting w from equation 4.92 into the impulse equation 4.86 we get
d Keage?
& V= cage
M m r (kcager — F )
d F
= mV-(14+ ——). 4.93
m r ( + Keager — F ) ( )

Equation 4.93 includes two terms: the first term is same as equation 4.66 which explains
the speed dependence of the impulse, and the second term explains the load dependence
of the impulse. Figure 4.29 compares the impulse predicted by equation 4.93 with the
experimental data discussed in section 4.7.2 for two values of cage stiffness. The first data

point at each speed is used to normalize the analytically predicted values. Impulse values
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Figure 4.29: Measured variation in the impulse generated by a bearing fault with
the applied load (black) along with the impulse variation predicted by the cage-
interaction model for two values of cage stiffness (blue).

predicted by equation 4.93 show a trend similar to the experimental data and exhibit
both primary speed-dependence and secondary load-dependence.

While deriving equation 4.93, we assume that there is no clearance between the rolling
element and the cage. This is a reasonable assumption because these impacts occur inside
a load zone, and rolling elements drive the cage within a load zone of a bearing. Therefore,
all the clearance between a rolling element and a cage is already taken by the rolling

element when it enters the load zone.

4.7.4 Effect of Impulse Calculation on the Vibration Signatures
of Planet-Bearing Faults

In the previous section we have observed that the impulse due to a localized bearing
fault depends primarily on the rolling-element speed. There is some load dependence
but it is secondary compared to speed dependence. This observation undermines the
commonly used assumption that the impulse due to a bearing fault is proportional to the
load acting on a rolling element at the time of impact. In this section we investigate how
this new observation influences the sideband pattern of planet-bearing faults described in

section 4.4.
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Figure 4.30: Load-dependent impulse-train function

Figure 4.5 shows two impulse trains. The first impulse train is “load dependent” as it
is based on the assumption that the impulse is proportional to the contact force acting
on a rolling element. The contact force acting on a rolling element inside a load zone
is parabolic, therefore the impulse train due to a bearing fault takes the form shown in
figure 4.5a. The second impulse train (figure 4.5b) is “speed dependent”. For this impulse
train, the impulse values inside the load zone are constant as they are proportional to the
rolling-element speed. The impulse values outside the load zone are zero as the rolling-

element speed is greater than the critical speed required for speed dependence®.

Sideband pattern of a planet-bearing outer-race fault for the speed-dependent impulse-
train is shown in figure 4.31a (see section 4.4 for how it is calculated). In order to determine
the sideband pattern for the load-dependent impulse-train, we just have to replace the
impulse-train function defined by equation 4.39 of section 4.4 by the impulse-train function
of figure 4.30. The rest of the analysis remains unchanged. The impulse-train function of
figure 4.30 can be described by

e}

Srain(7) = S0 Y eme™, (4.94)

m=—o0
where G is the maximum value of the impulse inside the load zone and

—Cryy — Crye + 0 (Siyy + S
€, = : E 2 < 4.95
2(7s = 7e) {m? = 72/ (75 = 7e)*} (49)

Equation 4.95 is based on the assumption that contact force inside a load zone can be

approximated by a sinusoidal function (figure 4.30). If the size of a load zone is 180° then

*Critical speed is proportional to the square root of load. Since the load outside a load zone is zero,
critical speed is also zero. This makes the impulse load-dependent and we get zero impulse values outside
a load zone.
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Figure 4.31: Analytical vibration signature of a planet-bearing outer-race de-
fect: (a) calculated using speed-dependent impulse-train, (b) calculated using load-
dependent impulse-train. The frequencies of sidebands are same in both cases (a)
and (b), but the amplitudes are different.
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substituting v = 0 and 7, = —7 into equation 4.95 gives
m for m even
€Em = i for m = £1 (4.96)
0 for m odd and m # £1.

Using the impulse-train function defined by equation 4.94 in the analysis described
in section 4.4 we determine the sideband pattern (figure 4.31b) for the load-dependent

impulse-train. By comparing the two sideband patterns of figure 4.31 we observe that:
1. the frequencies of the sidebands are identical in both cases;
2. the amplitudes of the sidebands are different in both cases.

The two impulse trains are defined in terms of Fourier series. The frequencies in the two
Fourier series are same but the magnitudes of the Fourier terms in the two equations are
different. This explains why the frequencies of the sidebands in the two cases are same
but the amplitudes are different.

This result directly influences the condition-monitoring and fault-detection algorithms
used in wind turbines. In most of these algorithms, variations in the sideband amplitudes
are recorded over time and the condition of a bearing is determined based on the changes
in these amplitudes. If a change in the sideband amplitude is detected, we must know
whether it is due a change in the operating speed or load or fault size. In order to answer
this question and to determine the condition of a bearing, it is crucial to know how these

sideband amplitudes vary with operating speed, load and fault size.

4.8 Conclusions

We develop an analytical model of a planetary drivetrain, including flexible ring-gear and
defective planet-bearing, to determine the vibration signatures of localized planet-bearing

faults. Following are the main conclusions.

e Vibration signatures of planet-bearing faults contain several modulation sidebands.
We identify all the sources of modulation and provide an explanation for their

formation.

e Sideband behaviour of a planet bearing with an inner-race fault can be described
by pwg + nw,., where p and n are positive integers. Sidebands spaced by w,. are due

to the variation in vibration transmission-path caused by the carrier rotation.
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e Sideband behaviour of an outer-race fault can be described by pwg+(m=1)w,.Enw,,
where m is an integer. In this case, three sources of modulation sidebands are
present: (i) variation in impulse magnitude as a defect passes through the load
zone; (ii) variation in the angle between impulse vector and ring-planet mesh; and

(iii) variation in the vibration transmission-path caused by the carrier rotation.

e Sideband behaviour of a rolling-element fault can be described by pw,+ (m+1)Q+

nw.. As with the outer-race fault, all the three sources of modulation are present.

e Amplitudes of modulation sidebands in a fault signature are governed by the vi-
bration modes of ring gear, and these amplitudes change as we move across the

frequency range.

e Theoretically predicted vibration signatures of planet-bearing faults are in close

agreement with the experimental results.

e We have shown both theoretically and experimentally that the impulse due to a
localized bearing fault depends primarily on the rolling-element speed and almost

independent of the applied load.
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Chapter 5
Conclusions and Future Work

This chapter summarizes the findings of this research and provides some suggestions for
future work. The headlines are: (i) skidding is predicted using simple analytical methods;
(ii) sideband analysis is used to detect planet-bearing faults; (iii) impulse due to a bearing
fault is independent of load. Further work is needed in five key areas: incorporation
of non-Newtonian lubrication in skidding model; skidding analysis under realistic time-
varying operating conditions; inclusion of cage clearance into skidding model; detection
of bearing faults under time-varying speeds; and determination of vibration signatures for

non-rectangular faults.

5.1 Conclusions

This research addresses two key issues in wind turbine gearboxes: skidding in high-speed

bearings and detection of localized faults in planet bearings.

5.1.1 Skidding in high-speed bearings

High-speed bearings of wind-turbine gearboxes operate at high speeds and low loads which
make them prone to skidding. Skidding occurs when the traction forces between rolling
elements and raceways are not sufficient to overcome drag and inertial forces acting on a
rolling element. Skidding is known to cause high subsurface shear stress and can lead to
premature bearing failure.

Unlike the classical fatigue failure mechanism, for which we have well-established theo-
ries to calculate bearing life, skidding mechanism in bearings is not well understood. Most
of the work done on ball-bearing skidding until now has been focused on axially-loaded

bearings operating under constant operating conditions. Wind turbine bearings, however,

135



136 Conclusions and Future Work

operate under combined axial and radial loads and time-varying operating conditions. In
this research, we study the skidding behaviour of ball bearings under both axial and ra-
dial loads as well as time-varying speeds. We present a dynamic model, which includes
gyroscopic effects, to analyse the roll-slip dynamics of rolling-elements in a ball bearing

for a wide range of operating conditions. Following are the main conclusions of this work.

1. For bearings operating under constant axial loads and constant speeds, skidding
occurs when operating load is less than the minimum load required to prevent
skidding. The value of this minimum load depends on bearing geometry, lubricant,

and operating speed. We provide simple equations to calculate this minimum load.

a b
//n(x// y”)dx”dy” > 7ThODp(W£hrp)2T2

AU ax
—a —b
and
a b C; h
"Nz Ay > 0 .
—a —b

2. For bearings operating under combined axial and radial loads, skidding occurs when
a rolling-element enters a load-zone. The extent of the skidding inside a load-zone
can be reduced by increasing the applied load, but it is not possible to completely
eliminate skidding. We propose a simple analytical method to calculate the extent

of skidding inside a load-zone.

o §9L192 > 3lwihwhtan? 562
2 8rpapfmax
and
3 3 rablwPwth0? tan3
0,07 — 03 + 9 — Z0.,9%| > b ~c 'L .
‘2 L * 257 | T dppe Fraxd(a, b)

3. For bearings operating under constant axial loads and time-varying speeds, skid-
ding occurs if the frequency or the amplitude of speed fluctuation is more than a
critical value. These critical values increase with applied load. We derive a simple
equation to predict these critical values of the frequency and the amplitude of speed

fluctuation.

2 eliz % o
0Aw < —H (ritro) _ @Wprir%ug (1 - ) .
zl.sinf3 (1 — Cosﬁ) 21 rp/T

rp/T
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We also demonstrate that skidding could occur under time-varying speeds even if
the applied load is well above the minimum load required to avoid skidding predicted

by the constant-speed skidding criterion.

4. This research shows that the mechanism of skidding changes with operating con-
ditions. Any skidding prevention criterion derived for constant axial loads and
constant speeds is not applicable for combined loading conditions or time-varying

speeds.

This work explains the skidding behaviour of ball bearings under a wide range of
operating conditions using a detailed dynamic model as well as approximate closed-form
solutions. The closed-form solutions described above: (i) help us to determine whether a
bearing will skid under given operating conditions without having to run the full numerical
model; (ii) provide a direct relationship between bearing geometrical parameters and
skidding; (iii) are computationally cheap and, therefore, can be implemented in a bearing
design tool. The methods developed in this research will help bearing designers to improve
the reliability of wind turbine bearings by predicting the amount of skidding at the design

stage.

5.1.2 Detection of localized faults in planet bearings

Localized faults in planet bearings are difficult to detect using vibration measurements
because of their complicated and time-varying vibration transmission path. A fault lo-
cated inside a planet bearing rotates around the bearing centre and it also rotates with the
carrier. This double rotation results in a complicated vibration transmission path. Most
of the work done on bearing fault diagnostics until now has been focused on fixed-axis
bearings and no work has been done on planet bearing faults so far. In this research, we
develop a dynamic model of a planetary drive to understand the vibration behaviour of
localized planet bearing faults. The dynamic model contains a flexible ring gear and a
defective bearing with localized faults. The model is used to derive vibration signatures
of planet bearing faults located on inner-race, outer-race, and rolling-elements. Following

are the main conclusions of this work.

1. Vibration signature of a planet bearing inner-race fault contains modulation side-
bands separated by carrier frequency. The source of this modulation is carrier rota-
tion. As a carrier rotates inside a planetary drive, the vibration transmission path
between a fault and an accelerometer located on ring gear changes. This change in

the transmission path results in modulation.
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2. Vibration signature of a planet-bearing outer-race fault contains additional side-

bands separated by planet frequency relative to carrier. This modulation is caused
by two additional sources: variation in impulse train as a fault moves in and out of
the load zone, and variation in the angle between a fault and a ring-planet contact

line.

. Frequencies of these modulation sidebands are kinematic frequencies which are gov-

erned by the geometry of a planetary drive and operating speed. Amplitudes of
these modulation sidebands are governed by the geometry as well as the impulse

generated when a rolling-element passes through a fault.

This research shows theoretically as well as experimentally that the impulse gen-
erated when a rolling-element passes through a localized narrow fault primarily
depends on the rolling-element speed. There is some load dependence but it is sec-
ondary compared to speed dependence. This undermines the assumption, commonly
used in bearing-fault-diagnostics literature, that these impulses are proportional to
the load acting on a rolling-element during the time of impact. This finding is
important for algorithms used for condition monitoring of bearings. Most of these
algorithms record the variation in the sideband amplitudes with time. Since the
sideband amplitudes depend on the impulse, it is important to know whether a
change in the amplitude is caused by a change in the speed, or the load, or the fault

size.

This research will improve existing condition-monitoring and fault-detection algo-

rithms. Wind turbine gearbox maintenance costs can also be reduced by detecting a

fault at an early stage.

5.2 Future work

Future work that follows directly from this research falls into two main areas: (i) future

work on bearing skidding; and (ii) future work on planet-bearing fault-detection.

5.2.1 Future work on bearing skidding

1. The traction model described in section 3.2.3 is based on two assumptions: (i) lubri-

cant is a Newtonian fluid and (ii) contact is elastohydrodynamic (EHD). Newtonian

fluid assumption is valid as long as the contact stress between rolling-elements and
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raceways is less than the Eyring stress. If the contact stress is greater than the
Eyring stress, lubricant starts to exhibit non-Newtonian behaviour (figure 2.7). The
operating contact stress in a typical wind turbine high-speed bearing is close to the
Eyring stress and in some cases it is even higher. According to Johnson and Tevaar-
werk [ this non- Newtonian behaviour of a fluid can be described by equation 2.6.
Further investigation could be done to find out how this non-Newtonian traction
behaviour of a lubricant changes the roll-slip dynamics of a rolling-element. The dy-
namic model of section 3.2.2 will remain unchanged. Only the traction equation 3.21
will need to be replaced by equation 2.6. According to figure 2.7, Newtonian equa-
tion over predicts the traction when the contact stress is more than the Eyring
stress. Therefore, it is expected that the minimum load required to avoid skidding

will be slightly more for a non-Newtonian fluid.

Another assumption made in the current analysis is that of the EHD lubrication
regime with no metal-to-metal contact. Lubrication contact regime is determined
by a film parameter (defined by equation 2.8) which is the ratio of film thickness
and surface roughness of contacting solids. If the surface roughness is of the same
order or greater than the film thickness generated between contacting solids, asperity
contact occurs. Surface roughness of rolling-elements and raceways of wind turbine
bearings is significantly less than lubricant film-thickness generated under normal
operation, and the EHD contact assumption is valid. Although in extreme loading
events, asperity contact might occur because of the reduction in film thickness, and
as a result the traction behaviour of a lubricant might change from EHD contact
regime to mixed-lubrication regime (figure 2.9). Johnson, Greenwood and Poon (%!
provide a mathematical theory based on statistical distribution of surface asperities
to calculate the traction forces in mixed-lubrication regime. The further work could
focus on extending the current research by replacing the EHD traction model by
the mixed-lubrication model and evaluate the change in the skidding characteristics.

Like the non-Newtonian case, the dynamic model would remain unchanged.

2. In this research we have demonstrated the effect of time-varying speed on the skid-
ding behaviour of a ball-bearing, but the analysis is limited to axially loaded bear-
ings. Further work could be done to extend the current work on time-varying speeds
to bearings operating under combined axial and radial loads. Another limitation
of the current analysis is that the frequency and the amplitude of speed variation
are assumed to be constant. In a wind turbine these parameters change with time.
Speed variation in a wind turbine often includes multiple frequencies such as blade

passing frequency and its higher harmonics, gear meshing frequencies etc. Further
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Figure 5.1: A real bearing fault with non-rectangular profile. Source: Kuhnell[3°)

analysis could be performed to quantify the effect of variation in speed fluctuation
frequency and amplitude on skidding behaviour. The two further investigations
proposed here can be performed using the bearing dynamic model described in this
work as the model itself does not have limitations mentioned above. However, the
closed-form solutions to predict occurrence of skidding will not be applicable and

should be re-derived for the proposed operating conditions.

3. The dynamic model, used to predict skidding, developed in this research ignores
clearance between cage and rolling-elements. Cage clearance might not influence
the skidding behaviour under constant axial loads and constant speeds as roll-slip
response of each rolling-element is identical, but under combined loading conditions
and time- varying speeds cage clearance might have some influence on the skidding
behaviour. Further investigation could be done to quantify the influence of cage

clearance on skidding behaviour.

5.2.2 Future work on planet-bearing fault-detection

1. Vibration signatures of planet bearing faults presented in this work are derived for
constant operating speed and load. As we have mentioned earlier, loads and speeds

in wind turbines vary with time. How does this variation in speed and load alter



Future work 141

the vibration signatures of planet bearing faults? This question could be addressed
in future work. Implementation of load variation in the existing dynamic model
of planetary drivetrain is straight forward as the load influences only the impact
generated by a fault and the frequency-response function derived in section 4.3
remains unchanged. Implementation of speed variation is not as straight forward
as load variation. Speed variation will cause the rotating coordinate system (of
section 4.2.5) to accelerate and this will add an extra term to the equation of motion
of the system. Hence, the frequency-response function must be re-derived to take

into account this angular acceleration.

2. The vibration signatures of planet bearing faults derived in the current research are
limited to rectangular faults with crisp boundaries. Real faults, however, do not
have well-defined shapes (figure 5.1). Further investigation could be performed on
the impact characteristics of faults of different shapes and sizes, and how they influ-
ence the sideband behaviour. We expect the frequencies of the sidebands to remain
unchanged as long as these faults are localized because the modulation frequencies
are kinematic frequencies and are independent of the impulse generated by a fault.
Amplitudes of the sidebands are likely to change as they are influenced by the im-
pulse generated by a fault. The current work could also be extended to include
distributed faults. Distributed faults have random shapes and, unlike a localized
fault, it would be difficult to derive a closed-form expression for the impact gener-
ated by a distributed fault. Perhaps a stochastic approach could be developed to
predict the fault response envelope by taking into account the random distribution

of asperities in a distributed fault.
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Appendix A

Comparison of Minimum Loads
Required to Avoid Drag-Sliding and

Gyroscopic-Spinning

Equations 3.38a and 3.38b give us the two loads: (i) minimum load required to avoid drag-
sliding, and (ii) minimum load required to avoid gyroscopic-spinning. In this section, we
identify the parameters which determine which of these two loads will be greater than the
other.

Let us calculate the ratios of the right-hand-sides of the equations 3.38a and 3.38b

such that an hCpp(at )2 )
_ 0 ThCpp(w, rp r
= (qos) /() A1

The left-hand-sides of equations 3.38a and 3.38b increase monotonically with the applied

load F,; therefore, if R is greater than one than the load required to avoid gyroscopic-
spinning will be greater than the load required to avoid drag-sliding, and if R is less than

one then the load required to avoid drag-sliding will be greater.

Now, let us simplify equation A.1 by substituting Gy = m”’w (1 — cosp ) (1 - cosp ) sinf3,

rp/T rp/T

wih = (1 — M) “ and m = —7r7“ pp. The substitution leads to

c rp/r 27
_ 16py 7 sin (1 L cosb ) , (A.2)
rp/T

For steel bearings p, = 7800 kg/m®, for a typical lubricant p ~ 900 kg/m®, and the
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drag-coefficient for a ball C'p = 0.47. Substituting these values into equation A.2 gives

R~ 2OLsin6 (1 + COSB) : (A.3)
Tp rp/T

Equation A.3 shows that the value of the ratio R only depends upon the bearing

geometry parameters (r, r,, and ) and not on the operating speed. Therefore, the

bearing geometry alone determines which of the two loads (to avoid drag-sliding or to

avoid gyroscopic-spinning) will be higher.



Appendix B

Equations of Motion of a Continuous
Elastic Ring

In this section, we derive equations of motion of a continuous elastic ring. The derivation

[105 [63]

is adapted from the work by Raol'®! and Huang and Soedel The effects of rotary

inertia and transverse shear deformation are neglected in the analysis.

Figure B.1a shows a free-body diagram of a section of the ring. Balancing the forces

in the radial and tangential directions gives

F
pAR W, = f, — P+ (2—9 — K, bR, w, (B.1a)
and
. oP
pARrwg = fg + F + w - K@bRrwg, (Blb)

where P is the tensile force and F' is the shear force. Moment balance about an axis

normal to the plane of the ring gives

oM
L FR. = B.2
06 =0, (B-2)

where M is the bending moment. Consider an element located at a distance = from the
neutral axis of the ring (figure B.1b). If the axial stress in the element is o then the

bending moment and tensile force can be described by

M= / /A s2dA (B.3a)
P / /A odA, (B.3D)
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F+4 —df

differential element

ring section

(a) (b)

Figure B.1: (a) Free-body diagram of a ring showing all the forces acting on a
section; (b) Differential element at a distance x from the neutral axis of the ring.

and the strain in the element can be defined by %!

1

e:E{wr—l—wQ—l—%(wQ—w;’)}. (B.4)

From equations B.3 and B.4 and using ¢ = Fe, bending moment and tensile force can be

calculated as

Eh3 "
M = R (wy — w,)) (B.5a)
and
EA
P = 7 (w, + wp) . (B.5Db)

Substituting equations B.2 and B.5 into B.1 gives us the equations of motion of a con-

tinuous elastic ring, which are

ER, , ., EW

12R3 (W) — wg) — R, (w). +wy) + pAR g + Kel Rrwg = fo (B.6a)
and

Ehgﬁ nn n Ehg / .

12R§ (wT’ - ’w@ ) + ?r(wﬂ + wT’) + pARTwT + KrgRrwr - fr- (B6b)



147

W S

/\/\/v\/’*\
\/\/\/\\a/

Figure B.2: Vibration modes of an elastic ring. Top row represents inextentional
modes. Bottom row represents extensional modes.

Since w, and wy are periodic with respect to 6, the can be expressed in terms of Fourier

series as

we(0,8) =Y wya(t)e™ (B.7a)
and

wp(0,1) =Y wou(t)e™. (B.7b)

To obtain the natural frequencies we substitute w.,,(t) = W,. " and wy , (t) = Wy ,e“n?

into equations B.7, and substitute equation B.7 into B.6 with f, = fy = 0. Natural

frequencies of the ring are described by the equation [©’]
4 2 _
w,, + cow;, +co =0, (B.8)
where
K, + K
o =—K; - h 6>
ph
n?Eh® Eh K, K,
co = Ko+ 12202 R3 (n*Ko + K;) + p2h2R? (n* K, + Ko) + 2h?
n?+1 (n?Eh
K, = Eh
N (121%% i ) |
nQ(nQ _ 1)2 E2h4
Ky = .
R2h2 12

Equation B.8 has two distinct roots for each n. One of the two roots represents predomi-
nantly an inextensional mode and the other root represents extensional mode (figure B.2).

Frequencies of extensional modes are generally an order of magnitude higher than the fre-
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Table B.1: Comparison of natural frequencies of the ring of table 4.1 calculated us-
ing complete theory (inextensional and extensional, equation B.8) and inextentional
only theory (equation B.10).

Inextentional only (Hz) Complete theory (Hz)
Inextensional Extensional

n=0 0 0 1004.3
n=1 0 0 1420.7
n=2 72.70 72.63 2247.7
n=3 205.63 205.38 3179.5
n=4 394.27 393.76 4146.0
n=>y 637.62 636.75 5127.7

quencies of inextensional modes[®. Therefore, the analysis can be simplified by ignoring

the extensional vibration of the ring. Using the inextentional assumption w, = —wy, a

simplified expression for the frequencies of inextensional modes can be obtained as!6?!

/ 2(n?2 —1)2ER?> K,n?+ K,
wp = W PER | Eon” 4 Ky (B.10)
12pRY(n?2+1)  ph(n?+1)

Table B.1 shows the natural frequencies of the free ring, with parameters defined in
table 4.1, calculated using equations B.8 and B.10. The frequencies of inextensional modes
calculated using equation B.10 are in close agreement with the frequencies of inextensional
modes calculated using equation B.8. The frequencies of extensional modes are an order
of magnitude higher than the frequencies of inextensional modes. This suggests that the
inextensional ring assumption made in section 4.2.1 is reasonable, and the frequencies
of the ring can be calculated using equation B.10 for n > 0. The modes associated
with n = 0 are: (i) rotational mode with zero frequency, and (ii) breathing mode. The
breathing mode involves the extension of the ring, and its frequency is obtained from

equation B.8 as

. 1|K.,+K, E K,+K, FE\® 4K, [(FEh
22 — K. Y. B11
“r T oh pIt} i \/( ph pR3> p*h? \ R? (B-11)




Appendix C

Matrices of the Planetary Model

This section details the matrices used in the planetary model of section 4.2.

Mass-Matrix Terms. System mass matrix is given by

Msys - dia‘g<MS7 Mra Mra Mpla ) Mpz7 Mba MC)7

TV
for z planets

where

M) = diag(me), M(e), I(e)) for (s) =s,p;,band c,
and

Mr = diag(MO, Ml, s ,Mn)

Stiffness-Matrix Terms. System stiffness matrix is given by

Kp + 27, (KH), 0 (K3B), 0
[wil+ krpK35 - krp (K58, o 0
b
Ky = KR H K]+ (K3R), o (KBP)

b b
Kyt + K53

symm.

0
0

(K3D) iwr

K39
b i£T
Kp + K37 + Zihz (x

where [w!] = diag(wy, w,), and K; = (K$8), if i # T, K; = K58 if i =T.

Component stiffness matrices are:

Sti—e) —S@i-9Clai-) —TpS(ai-9)
(K)i = ks C(Qai—@ "pClai-g) |
symm. r2
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Sai-$)9  Si—)Cs  —TpS(ai—9)

(K2)i = ko | —Cli-9S —Clai-0Co  1Cai-0) |
—1394 —15Cy TsTp
S; —S¢C¢ —’I“pS¢
(K3%): = Ksp Ci —1pCs |
symim. 7’}27

(K3 = (KB
KD C2 4+ kS22 (kT — k! )Su,Cay —kt reSa,

cp™~a; cpay
Py _ roQ2 t 2 ¢ :
(Kll)l == kcpsozi —+ kcpcai kcp’rccai s
t .2
symm. kepre

T
(Kig)l = (Kg?)kbc:kcp;
K = (K™

K3 = diag(kl, k. ,0);

cp) Vep
K$ = (K3,

=T
Symbol [e]®) = © or [e](4) — ¢ means that the term (o) should be replaced by ® in the

matrix [e].

Transformation Matrix. Coordinate transformation matrix from fixed coordinate-

system (X;Y;Zr) to rotating coordinate-system (XY Z) is given by

T:diag(Tl,Tz,T1,~~ ,Tl,Tl,Tl), (03)
N————

for z planets

where
Co« Sg« O
0 0 1

Ta Tab
T, = )
—Tap Th
Ta - Tb = dlag(la 09*7 029*7 ) CCI)G*);
Tab = dlag<07 S@*? 529*7 Ty S(I’Q*)-



Appendix D

Effect of Coriolis and Centripetal

Terms on the Natural Frequencies

In section 4.2.5, we assume that at small speeds the effect of Coriolis and centripetal
terms on the dynamic response of a planetary drive are small and can be neglected. In
this section we justify this assumption by showing that the natural frequencies of a wind-
turbine planetary-drive do not change much due to the Coriolis and centripetal terms for
typical wind-turbine operating speeds.

Following from section 4.2.5, equation of motion of a planetary drive in the fixed

coordinate-system is
M,,.q + Kqq = F. (D.1)

System coordinates in the fixed coordinate-system can be defined in terms of system

coordinates in the rotating coordinate-system (using equation 4.23) as
q="T"q. (D.2)
Substituting equation D.2 into equation D.1 gives
Myl + w.Crq + (Koys — w’K.) g = F, (D.3)

where

1 .
Cp = —TM,,T" (D.4)

We

is the Coriolis matrix and .
K. = ——TM,T7 (D.5)

2
We

is the centripetal matrix.
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Substituting expressions of Mgy (from equation C.1) and T (from equation C.3) into

equations D.4 and D.5 yields

. s r P1 Pz b c
CL—dlag CL7CL7CL’7CL7CL7CL
—_——
for z planets

and

K, = diag | K, KL, K2, ... KP* K K¢
————

for z planets

Sub-matrices in equation D.6a are defined as

0 —m(.) 0
C(L°) = | m( 0 0| for (e) =s,p;,band c,
0 0 0
. 0 C12
—C2 0

and

C}? — _dlag (O, Ml; 2]\427 ... 77’L]\4n) .

Sub-matrices in equation D.6b are defined as

m(.) 0 0
Kg.) = 0 m(.) 0 for (‘) =S5, Di, b and ¢,
0 0 0
K 0
(1 0)
¢ 0 K

K,' = diag (0, My,4My, - -+ ,n*M,) .

(D.6a)

(D.6b)

(D.7a)

(D.7b)

(D.7¢)

(D.8a)

(D.8h)

(D.8c)

Substituting q = qpexp(At) and F = 0 into equation D.3 we get the eigenvalue prob-

lem, which is given by
AU = \U.

Matrices in equation D.9 are defined as

A 0 1
-\ =M Ky + w?MIK, —wM;LC),

sys sys sys

(D.9)
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Typical operating range of a
wind-turbine planetary-drive
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Figure D.1: Variation in the natural frequencies of a planetary drive with carrier
speed caused by the Coriolis and the centripetal terms.

and

U= <q07 )‘q[))T .

Solution of equation D.9 gives us the eigenvalues A and eigenvectors U. Figure D.1 shows
the variation in natural frequencies (upto 500 Hz) of the planetary drive of table 4.1 with
the carrier speed w.. The translational modes bifurcate into two frequencies for non-zero
carrier speeds due to Coriolis term. Clearly the variation in the natural frequencies of the
planetary drive are small and can be ignored for the typical operating speeds of a wind
turbine. For the applications involving large rotational speeds, however, changes in the

natural frequencies can be large and must be accounted for.
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Appendix E

Critical Speed of a Rolling Element
Passing Through a Fault

Consider a rolling element of radius r and mass m passing through a narrow localized fault
(figure E.1(a)). Forces acting on the rolling element after it enters the fault are shown in

the free-body diagram of figure E.1(b). Balancing the forces in the normal direction gives
Fy = Fcosf) — mrw?, (E.1)

where [} is the reaction force acting on the rolling element. To insure that the rolling
element does not loose contact with the left edge of the fault before the impact, reaction
force F; must be greater than zero from the time the rolling element enters the fault until
it hits the right edge of the fault. Therefore,

F, >0 = Fcos > mrw?. (E.2)
F
mrw?
r Vv
F2> .
L_1ip P

(a) 4 (b)

Figure E.1: (a) A rolling element passing through a narrow localized fault; (b)
Forces acting on a rolling element after it enters the fault.
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Angular velocity of the rolling element at an angle 6 is given by equation 4.83. Sub-
stituting equation 4.83 into E.2 yields

F
V2 < %(mose —10). (E.3)

For a narrow fault (d?/r* << 1) cosf ~ 1. Substituting this into equation E.3 gives the

V< \/% (E.4)

Speed defined by equation E.4 is the maximum speed a rolling element can have to always

expression for the critical speed as

maintain contact with the left edge of the fault until it hits the right edge.
Next we derive the expression for the impulse when the speed of a rolling element is
above the critical speed. From equation E.3, the angle at which the rolling element looses

contact with the left edge is

10 + TmV?2
0 — —1 FT‘ E5
| = Cos (—17 , (E.5)

and the speed of the rolling element at that angle is

10F
wy = \/wg + 0r (1 — cosby). (E.6)

mr

After the rolling element looses contact with the left edge, the only force acting on it is

the applied force F'. Hence, its vertical speed just before the impact becomes

2F
V2 il = Twisin?d; + = (cosbh — cosby), (E7)
m

vertical
where 6y is the angle at which impact occurs, and is given by cosfy ~ 1 — d?/(8r?).
Substituting the expression of 6y into equation E.7 gives

2F d?
V2 ieal = Twisin®d; + = (00891 —1+ —) : (E.8)
m

vertical 87’2

Following from equations 4.86 and E.8, impulse in the vertical direction can be calcu-

lated as

2F d?
S = 2mViertical = 2my | r2w?sin®0; + =T cosy — 1+ — . (E.9)
m 8r2

Equation E.9 suggests that the impulse, for the case when the rolling-element speed is
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above the critical speed, depends on the load acting on the rolling element.
If the force acting on a rolling element is zero, for example unloaded zone of a bearing,
then the angle at which the rolling element looses contact is #; = 0 (from equation E.3).

Substituting 6; = 0 into equation E.9 gives

%:mg’\/ﬂ. (E.10)
rV m

Equation E.10 shows that in the unloaded zone of a bearing, impulse due to a fault
depends on the load acting on a rolling element and not its speed. Since the load is zero,

impulse is zero.
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